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Air-cooled condensers are routinely designed for a variety of applications, 
including residential air-conditioning systems.  Recent attempts at improving the 
performance of these heat exchangers have included the consideration of microchannel 
tube, multilouver fin heat exchangers instead of the more conventional round tube-plate 
fin designs.  In most packaged air-conditioning systems, however, the condenser 
surrounds the compressor and other auxiliary parts in an outdoor unit, with an induced 
draft fan at the top of this enclosure.  Such a configuration results in significant mal-
distribution of the air flow arriving at the condenser, and leads to a decrease in 
performance.  This work addresses the issue of mal-distribution by adapting the air-side 
geometry to the expected air flow distribution.  A microchannel tube, multilouver fin 
condenser is first designed to transfer the desired heat rejection load for an air-
conditioning system under uniform air flow conditions.  Tube-side pass arrangements, 
tube dimensions, and fin and louver geometry are varied to arrive at a minimum mass, 
2.54 kg condenser that delivers the desired heat load of 14.5 kW.  The design model is 
then used to predict the performance of the condenser for a variety of air flow 
distributions across the heat exchanger. It is found that for a 50% air flow mal-
distribution, the required condenser mass increases to 2.73 kg.  The air-side geometry (fin 
density and height) of the condenser is then systematically changed to optimally 
distribute the air-side surface area across the condenser to best address the mal-
distributed air flow.  It is found that linear fin density and height variations from the 
 xv
mean value of 40% and 20%, respectively, keeping the mean fin density and height the 
same, reduce the required condenser mass to 2.65 kg even for this mal-distributed air-
flow case. The influence of geometry variations on heat transfer coefficients, fan power 
and other performance measures is discussed in detail to guide the judicious choice of 
surface area and tube-side flow area allocations for any potential air flow mal-
distribution.  The results from this study can be used for the design of air-cooled 





1.1 Microchannel Condensers 
Microchannel-tube, multilouver-fin heat exchangers are fast replacing 
conventional round-tube, plate-fin condensers in air-conditioning applications. The larger 
air-side heat transfer coefficients due to the louvers and the larger surface area per unit 
volume of these tubes are believed to lead to more compact heat exchangers. The basic 
geometry of a microchannel condenser and multilouver fin is shown in Figure 1.1. 
 
Figure 1. 1 Schematic of a Microchannel Condenser and Multilouver Fin 
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1.2 Need for Air Flow Mal-Distribution Analysis 
Figure 1.2 shows a typical condenser unit of an air conditioning system. The 
condenser coils are vertically placed along the four sidewalls of the condenser unit. Air 
flow over the condenser coils is generated by an induced draft fan placed at the top of the 
unit. This configuration results in a non-uniform air flow through the condenser coils. 
Hence a uniform air flow distribution, which is assumed in most theoretical studies, is an 
idealization. A study of the condenser performance for mal-distributed air flow 









Figure 1. 2 Cause of Air Flow Mal-distribution 
 
.3 Thesis Outline 
The thesis is organized as follows: 
Chapter 1 introduces the microchannel, multi-louvered fin condenser geometry 
nd explains the need to study its performance under mal-distributed air flow conditions. 
Chapter 2 reviews the literature on the various applications of microchannel heat 
xchangers and discusses their advantages over conventional geometries. The chapter 
lso reviews literature on the study of performance of conventional heat exchangers 
nder mal-distributed air flow conditions. In addition, the chapter also identifies the need 
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for the current research on the study of the effect of air flow maldistributions on 
microchannel condensers. 
 Chapter 3 describes the heat transfer and pressure drop models and the 
calculation scheme used to evaluate the heat duty of a particular microchannel condenser. 
It also outlines a design procedure to obtain an optimum geometry that which delivers the 
design heat duty with minimum mass under uniform air flow conditions. 
 Chapter 4 analyzes the performance of the condenser for various linearly mal-
distributed air flows. 
 Chapter 5 describes a procedure to design a condenser that performs optimally 
under mal-distributed air flow conditions. This is done by varying the air-side 
geometrical parameters such as fin density and fin height along the condenser height. 






2.1 Literature on Microchannel Condensers 
Garimella and Coleman (1998) studied the design and optimization of air-cooled, 
round-tube condensers for ammonia-water absorption heat pumps. They studied the 
performance of these systems with flat, wavy, louvered and annular fins. The goal of 
their optimization was to obtain the design heat duty of 18 kW with the minimum mass 
heat exchanger possible. It was found that wavy fins resulted in the smallest heat 
exchanger mass among the fin geometries considered within the constraints of the 
allowable pressure drop. According to the authors, this is because of secondary flows 
induced by the wavy fins, which increase the air-side heat transfer coefficient and result 
in a lower mass of the heat exchanger. 
Garimella et al. (1997) also considered the substitution of conventional air-
coupled single-phase exchangers for residential absorption heat pumps with such flat-
tube, multilouver-fin heat exchangers.  They demonstrated that the use of these flat-tube 
heat exchangers led to a 59 percent reduction in the heat exchanger mass compared to a 
round-tube, wavy-fin heat exchanger. 
Condensation of ammonia in flat-tube, multi-louver fin heat exchangers was 
investigated by Garimella and Wicht (1995), who optimized the various geometric 
parameters to obtain a design heat duty of 21 kW with lowest heat exchanger mass. They 
found that tube and fin depth and fin spacing had a significant effect on heat exchanger 
performance. The heat exchanger mass was reduced from a nominal value of 19.0 kg to 
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17.7 kg by optimizing the geometric parameters. Also the available air flow was shown to 
have a significant effect on performance. A 20% decrease in air flow resulted in a 60% 
increase in the heat exchanger mass. 
Jiang and Garimella (2001) investigated air-coupled and hydronically coupled 
heat pumps using microchannel tube, multilouver fin heat exchangers as evaporators and 
condensers with refrigerant R-22 and compared them with conventional round-tube 
systems. In the hydronically coupled system, the refrigerant in the evaporator transferred 
heat to an intermediate ethylene-glycol loop, which is connected to the indoor/outdoor air 
through air-to-hydronic fluid heat exchangers. They found that the indoor and outdoor 
units of the air-coupled microchannel system could be packaged in one-half and one-third 
the volume required for a conventional system, respectively. The evaporator and 
condenser of the hydronically coupled system were found to require 35% and 65% less 
material than the air-coupled system respectively, due to higher heat transfer coefficients 
in these counterflow heat exchangers with microchannels on both sides. The refrigerant 
charge required was found to be 20% and 90% lower in the air-coupled and the 
hydronically-coupled systems respectively, as compared to a conventional round-tube 
system. 
Kim and Bullard (2002b) compared the performance of a microchannel condenser 
with a finned-tube condenser for a window room air conditioner using refrigerant R22. 
They concluded that the heat transfer rates per unit core volume are 14 to 331% higher 
for microchannel condensers as compared to conventional finned round-tube condensers. 
Also the refrigerant charge, condenser core volume and mass were found to be 35, 55 and 
35% lower respectively for the microchannel condenser. 
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Kim and Groll (2003) tested a 3-ton (10.5 kW) residential split heat pump system 
with refrigerant R-22 using a baseline spine-fin heat exchanger and a microchannel heat 
exchanger for the indoor and outdoor heat exchangers. The microchannel heat exchangers 
were tested for vertically placed and 15o angularly placed configurations with 6 and 8 fins 
per cm. The microchannel heat exchangers had about 23% less face area and 32% less 
refrigerant-side volume as compared to the baseline heat exchanger. In the cooling mode, 
the COP was found to increase from 1% to almost 6% for the microchannel heat 
exchangers depending on fin density and heat exchanger orientation. The 15% angular 
installation was found to perform better than the vertical installation, as the air-flow to 
the heat exchanger was more normal in the angular installation. This closeness to normal 
air-flow increased the air-side heat transfer due to increased interruption of the thermal 
boundary layer on the louvered fins.  Also the 8 fins per cm system was found to perform 
better than the 6 fins per cm system. In the heating mode, the performance of the 
microchannel heat exchanger system was found to be lower than that of the baseline case. 
Also the vertical installation was found to offer a better performance than the 15% 
angular installation. The 8 fins per cm system was found to offer a better performance 
than the 6 fins per cm system in the vertically placed configuration, while the two were 
found to offer the same performance in the angularly placed case. In the heating mode, 
the baseline system was also found to have a lower frequency of defrost cycles as 
compared to the case with microchannel heat exchangers. Among the microchannel heat 
exchangers, the vertically placed 6 fins per cm system was found to have the lowest 
frequency of defrost cycles in the heating mode, followed by the 8 fins per cm vertically 
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placed system, 6 fins per cm angularly placed system and 8 fins per cm angularly placed 
system in that order. 
 
2.2 Literature on Air Flow Mal-distribution 
Elgowainy (2001) performed a three dimensional simulation of the air flow 
distribution over the face of tube-fin heat exchangers in typical outdoor units of 
residential air-conditioning and heat pump systems. In order to simulate the air flow 
through the heat exchanger coil, the coil was modeled as a porous wall with a pressure 
loss coefficient. The air volume flow rates obtained from the model were compared with 
experimental results to verify the model. The heat transfer coefficient and pressure drop 
were studied based on localized simulations of the flow through one tube-fin section. The 
area-averaged heat transfer coefficient for non-uniform air flow was found to be 1.5% 
and 0.9% less than that predicted based on a uniform velocity distribution. The mass-
averaged pressure drop for non-uniform air flow was found to be 9% and 8% less than 
that predicted based on a uniform velocity distribution. 
Lee et al. (2003) numerically analyzed the heat transfer characteristics of fin and 
tube evaporators with refrigerant R-407C for two-dimensional air flow mal-distributions. 
The simulation results for the uniform air flow case using refrigerants R-22 and R-407C 
were compared with test data to validate the numerical scheme. The maximum difference 
between the cooling capacities predicted by simulation and experiments was found to be 
5.4%. The evaporator performance was analyzed for uniform, concave, convex and 
inclined velocity profiles with a constant average air velocity of 1.2 m/s. The uniform air 
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flow distribution was found to have the highest heat transfer rate and air flow mal-
distribution was found to decrease the heat transfer rate by a maximum of 6%. 
Soler et al. (1983) developed a theoretical model to evaluate the temperature 
profile and heat duty for single-phase flow in a tube with non-uniform air flow on the 
outside. 

























where, Tsi and Tti are the shell-side and tube-side fluid inlet temperature, mt and Cpt are 
the mass flow rate and specific heat capacity of the tube-side fluid and, 







=γ  ( 3) 
where,  (x) is the shell-side mass flow rate of air per unit length of tube, Cφ ps is the 
specific heat capacity of air, U is the overall heat transfer coefficient and P is the 
equivalent perimeter of the tube including any effect of fins. The numerical form of the 
model was developed for a multiple tube pass, cross flow construction and the following 







t  ( 4) 
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1kT  ( 5) 
where ti and to are the segment inlet and outlet temperatures of the tube-side fluid and, 
















=β  ( 8) 
Here j is the segment number in the direction of tube-side fluid flow in the first pass and 
k is the segment number in the direction of air flow. 
A numerical example of flow of liquid metal eutectic of sodium potassium was 
considered in a 4-pass arrangement of finned tubes. Each pass consisted of three rows in 
a staggered array. These heat exchangers were similar to the ones designed for use in the 
Clinch River Breeder Reactor Project. For a given mass flow rate, the numerical results 
were similar for a given air flow profile and its mirror image about the central plane at 
half tube length. This was in agreement with theoretically derived results. 
Beiler and Kroger (1996) studied the effect of mal-distributed air flow on the 
performance of a cross flow air-cooled heat exchanger with both fluids unmixed. They 
analyzed the tube rows separately in order to find the overall heat exchanger performance 
deterioration. This was done because in a multi-row heat exchanger the air-side heat 
transfer coefficient is different for different rows and is influenced by free stream 
turbulence and the row number. They used a performance factor that quantifies the 
decrease in heat exchanger performance due to air flow mal-distribution. The 
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performance factor was found to be higher for the downstream tube rows than for the 
inlet rows due to the non-uniform temperature profile caused due to non-uniform inlet air 
flow. In a two-tube-row bundle, for an NTU of 1.0, the performance factor for the first 
and second row were 0.6% and 1.4% respectively. The overall performance reduction 
due to the air flow mal-distributions was found to be less than 2%.  
Berryman and Russell (1987) studied the effect of air flow mal-distribution on the 
performance of air-cooled heat exchangers used in process plants under forced draft or 
induced draft conditions. They experimentally determined that the standard deviation in 
the air flow velocities due to mal-distribution is in the range 10 – 20% for forced draft 
and in the range 12 – 22% for induced draft. With the help of a computer code, they 
determined the typical heat load dissipated by a heat exchanger for a constant air flow 
rate with varying degrees of air flow mal-distribution. Two types of tube-side flows were 
considered namely, single pass and four pass counter flow with air flowing upwards and 
fluid downwards. They found that for the mal-distributions that occur in practical 
situations, the effect on heat exchanger performance in only a few percent. They however 
state that the effect of air flow mal-distribution could be quite drastic in certain special 
cases like steam condensing under vacuum or for excessive localized cooling of viscous 
fluids. In the case of steam condensing under vacuum, different tubes of a row would 
have different cooling capacities due to varying air flow rates over them. However as the 
tube-side pressure drop across them is equal, the ends of tubes with excessive air flow 
could become full of non-condensibles and hence ineffective, if there is not adequate 
steam draw-off from all tubes. This would lead to a further loss in performance. In the 
case of excessive localized cooling of viscous fluids, the coolers are designed to avoid the 
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tube wall temperature from falling below the wax point of the tube-side fluid. Hence it is 
important to design the cooler based on the point on the cooler estimated to have the 
highest air flow rate. 
Rabas (1987) numerically studied the effect of non-uniform inlet air flow and 
temperature distribution on the thermal performance of air-cooled, cross-flow 
condensers. The overall heat transfer coefficient was assumed to be proportional to the 
0.6 power of the local air flow rate. The condenser performance was analyzed for one-
dimensional and two-dimensional air flow and temperature mal-distributions. It was 
found that the non-uniform inlet flow distribution reduced the thermal performance of the 
condenser. However this deviation in performance due to non-uniformity was found to be 
small and even for extremely non-uniform inlet profiles, the reduction in the mean 
effectiveness of the condenser was found to be less that 7%. However, there was no 
information provided on the effect of non-uniform inlet air flow on the air-side pressure 
drop and fan power. 
Chiou (1983) developed a mathematical model to study the effect of air flow mal-
distributions on the heat transfer effectiveness of a multi-pass, cross-flow automobile air-
conditioning condenser with flat tube/plate fin configuration. The performance of the 
condenser was evaluated for twelve typical two-dimensional air flow mal-distributions. 
The author deduced that the effect of air flow mal-distributions may be significant for 
these applications. The model developed in the paper can be used to estimate the 
effective UA of a condenser for mal-distributed conditions. This could be useful in 
designing condensers that function effectively in mal-distributed air flow conditions. 
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The literature reviewed in this chapter is summarized in Tables 2.1 and 2.2. From 
the above literature review we infer that flat-tube, multi-louvered, microchannel heat 
exchangers lead to significant savings in material, refrigerant and energy costs for a 
variety of applications. A number of researchers have analyzed the performance of these 
microchannel heat exchangers assuming a uniform air flow through them. Also a number 
of researchers have studied the performance of various commonly used heat exchangers 
under mal-distributed air flow conditions. They found that air flow mal-distribution 
changes the heat transfer rate in a heat exchanger by about 5-10% for commonly used 
heat exchangers. However there was no literature found on the performance of multi-
louver finned microchannel heat exchangers under mal-distributed air flow conditions. 
As these heat exchangers are getting increasingly popular, the analysis of their 
performance under real life air flow conditions is essential. The present study strives to 
fill in this need by studying the performance of these flat-tube, multi-louver fin heat 
exchangers for residential air-conditioning applications under mal-distributed air flow 
conditions. The study also suggests design modifications to the heat exchanger so that it 
performs optimally under mal-distributed air flow conditions. 
The next chapter describes the calculation procedure used to evaluate the heat 
duty of a microchannel tube, multilouver fin condenser of any given geometry. It then 
outlines a procedure to obtain the condenser geometry that delivers the required heat duty 
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DESIGN AND OPTIMIZATION OF MICROCHANNEL CONDENSERS 
 
3.1 Microchannel Geometry 
The schematic of a microchannel condenser was shown in Figure 1.1. The cross 
section of the microchannel tube is as shown in Figure 3.1. It consists of a series of 
rectangular paths separated by webs. In addition, fin and louver geometry details are 
presented in this figure, along with a representation of a segment used for the analyses 
described in subsequent sections. 
 
3.2 Calculation Scheme 
In an air-cooled condenser, the refrigerant properties change along the flow with 
change in refrigerant quality. Hence, in order to accurately determine the condenser 
performance, the tube is divided into a number of small segments along the direction of 
the refrigerant flow. The refrigerant properties are assumed to be constant within a 
segment. The refrigerant inlet condition is specified for the first segment. This inlet 
condition is shown in Table 3.1. The outlet condition for the segment is found by 
subtracting the enthalpy loss and pressure drop for the segment. The outlet condition of 
the previous segment acts as the inlet condition for the following segment. The average 
of the inlet and outlet refrigerant conditions is used to evaluate the constant refrigerant 
properties for the segment in order to calculate the heat duty and pressure drop for that 
segment. Since the outlet condition is not initially known, an initial assumption is made 
and an iterative scheme is used to refine the solution. 
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Table 3. 1 Inlet Conditions 
Tube-side Air-side 
Refrigerant mass flow 
rate 




3.071 MPa Air inlet temperature 35oC (95oF) 
Refrigerant inlet 
enthalpy 
477.85 kJ/kg Allowable air pressure 
drop 





1oC   
Absolute surface 0.0015 mm   
roughness of tube 
 
.3 Tube Geometry 
The cross section of a microchannel tube is as shown in Figure 3.1. The initial values 
f the geometric parameters are shown in Table 3.2. The sides of the tube are assumed to 
e semicircular with diameter equal to the tube height. Hence the total tube-side area is 
iven by: 
( ) 2hihiwihit t4tttA
π
+−=  ( 9) 
The tube free-flow area is obtained by subtracting the area occupied by the webs from 
he tube cross-sectional area. 
thiwtft wtNAA −=  ( 10) 
The tube-wetted perimeter is the total tube perimeter in contact with the refrigerant. 













Table 3. 2 Initial Values of the Geometric Parameters 





Fin pitch 1.693 mm 
(0.067 in) 
Louver angle 30o 
Inner tube 
depth 
17.4  mm 
(0.69 in) 



























1.69 kg   
Tube length 1.04 (3.4 ft)     
Pass 
arrangement 
17, 10, 5     
Mass of 
tubes 
1.44 kg     
Total mass 3.13 kg     
 
( ) whitwhiwihit Nt2wNtt2tper +−−+π=  ( 11) 





D =  ( 12) 
he tube walls wetted directly by the refrigerant directly transfer heat from the 
gerant to the outside air. This constitutes the direct heat transfer area. 
( ) ttwthithiwidt LwN2LtLtt2A −π+−=  ( 13) 
he webs act as fins and help in transmitting heat from the refrigerant to the outside 
his constitutes the indirect heat transfer area. 
thiwidt LtN2A =  ( 14) 
he total heat transfer area is given by: 
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 idtftdtefft AAA η+=  ( 15) 





























=η  ( 16) 
3.4 Air-side Geometry 
The cross section of the tube outer surface is assumed to be as shown in Figure 
3.1. The fins are assumed to be perfectly rectangular and at right angles to the tube outer 
surface. The face area of one tube and fin set in one segment is given by: 
 ( ) seghhoc LctA +=  ( 17) 
Of this, the area blocked by the fins is given by: 





A −+=  ( 18) 
The area available for air flow is the total area less the area blocked by the fins and the 
area occupied by the tube for refrigerant flow. 
 ( )seghobacfa LtAAA +−=  ( 19) 
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A4D =  ( 21) 
Part of the tube wall, which is in contact with the refrigerant on the inside surface and 
with air on the outside surface directly transfers heat from the refrigerant to the outside 
air. This constitutes the direct heat transfer area.  























−−=  ( 22) 
The fins also help in transferring heat from the refrigerant to the outside air. This 
constitutes the indirect heat transfer area. 
 ( ) segthkh
p
wida Lfcf
1c2A −=  ( 23) 
The total outside heat transfer area is given by: 
 idafadaeffa AAA η+=  ( 24) 





























=η  ( 25) 
The total mass of the condenser is the sum of the mass of the tube and the mass of the 
outside fins. The mass of the tube is given by 
 ( )[ ]hitwthithiwiAlcondtotal_tubetube twNthktthktt2Lnmass +π+−ρ⋅⋅=  ( 26) 
The mass of the fins is given by 
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nmass +−⋅ρ⋅=  ( 27) 
3.5 Refrigerant-side heat transfer coefficient and pressure drop 
The refrigerant enters the condenser as superheated vapor and leaves as sub-
cooled liquid. The refrigerant-side heat transfer and pressure drop calculations are done 
separately for the superheated vapor region, two-phase region and the sub-cooled liquid 
region. The properties of the refrigerant R410A were obtained from Lemmon (2002).  
For the sub-cooled and the superheated flow regime, the correlations for heat 
transfer coefficient and pressure drop are different for the laminar and turbulent flow 
regimes. The critical Reynolds number that determines the transition criteria is found 
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=  ( 29) 
Natarajan and Lakshmanan (1972) developed the equations for m and n. 
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=α  ( 32) 
The single-phase refrigerant-side Nusselt number for laminar flow is calculated using the 
following expression provided by Shah and Bhatti (1987) 
 ( )5432 1861.00578.14765.20853.30241.21325.8Nu α−α+α−α+α−=  ( 33) 
For single-phase turbulent flow, the Nusselt number is found using the equation 






























































 ( 34) 
where f is the friction factor calculated by Churchill (1977b) 
 



































































=  ( 35) 
To compute single-phase pressure drop in the laminar regime, the following expression 
developed by Shah and London (1978) for rectangular ducts was used. 
 [ ]5432 2537.09564.07012.19467.13553.11
Re
96f α−α+α−α+α−=  ( 36) 
For turbulent flow, Bhatti and Shah (1987) suggested the following equation 
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  ( 37) 
In the condensing region, the heat transfer coefficient for two-phase refrigerant flow was 
computed using the correlation developed by Shah (1979) 





































023.0h  ( 38) 
It should be noted that other two-phase heat transfer correlations were also considered; 
however, due to the applicable thermal resistances on the air-side and the refrigerant-side, 
the heat duty is not very sensitive to the correlation used for condensation heat transfer 
coefficient as will be demonstrated in a later part of this chapter. The pressure drop in the 
two-phase region consists of the frictional pressure drop and the deceleration pressure 



































































































=  ( 44) 









+−=  ( 46) 
where, fgo and flo are the gas-only and liquid-only Darcy friction factors calculated using 
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 −+=α  ( 50) 
In addition to the frictional and deceleration pressure drop, there is an additional pressure 
loss at the bends. The pressure drop at the bends for single phase flow is given by 
 2rrminorbend vρk2
1P∆ =  ( 51) 
where, kminor is the minor loss coefficient for the bend. A minor loss coefficient of 0.2 
was used in the current analyses. 
The pressure drop for two-phase flow over a bend is calculated by using a multiplier as 
suggested by Rohsenow et al. (1985) 











liqbendphase_twobend x21PP  ( 52) 
 
3.6 Air-side heat transfer coefficient and pressure drop 
 Kim and Bullard (2002a) developed a correlation for Colburn j factor and friction 
factor for air flow over multilouvered fins. This is used to find the air-side heat transfer 

























































































































































−  ( 54) 
The Reynolds number Relp is based on the louver pitch. The pressure drop is obtained 












 ( 55) 








=  ( 56) 
Having calculated the tube-side and air-side heat transfer coefficients, the heat duty of 
each segment is calculated by the effectiveness-NTU method. The effectiveness relation 
for single-phase refrigerant flow is given below: 





1exp1 78.022.0 }  ( 57) 
This is the effectiveness relationship for a cross flow, single-pass heat exchanger with 
both fluids unmixed. For two-phase refrigerant flow, the effectiveness relation is, 
 ( )NTUexp1 −−=ε  ( 58) 
The heat duty and fan power requirement for each segment are then summed to find the 
overall heat duty and fan power requirement for the condenser. The refrigerant inlet 
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enthalpy and pressure for the subsequent segment is obtained by subtracting the heat duty 
and the pressure drop of the current segment. 
 
3.7 Segment Sensitivity 
As stated above, the heat duty of the condenser was found by summing the 
segment heat duties. The accuracy of the calculation increases as the tube is divided to 
smaller and smaller segments. However this consumes more computational time. A plot 
of the calculated condenser heat duty against the number of segments is shown in Figure 
3.2. 
 From the plot it is seen that there is a significant fluctuation in the heat duty with 
change in number of segments when each tube is segmented into less than 15 segments. 
 
Figure 3. 2 Sensitivity of Computation to Segmentation  
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However for more than 15 segments, the calculated heat duty gradually converges to a 
steady value. Based on this analysis, the condenser was divided into 20 segments for this 
study.  
 
3.8 Iterative Scheme and Stop Criteria 
The tube-side and air-side heat transfer coefficients and pressure drop are 
functions of the refrigerant and air properties. These properties change significantly along 
the condenser with change in temperature and pressure. However the mean temperature 
and pressure for each segment is not known at the start of the calculation, but is a 
calculated quantity. Hence an iterative scheme is used to perform these calculations. For 
the first iteration, the refrigerant properties for the first segment are calculated at the 
refrigerant inlet condition. The refrigerant properties for the subsequent segments in the 
first iteration are calculated at the inlet condition at that segment, which is the calculated 
outlet condition of the previous segment. For the subsequent iterations, the refrigerant 
properties are calculated at the average refrigerant temperature and pressure obtained 
from the previous iteration. 
The iterations are terminated when the difference between the calculated values of 
the variations in heat duty for each segment for successive iterations are less than the 
allowable error limit. An allowable error limit of 0.01 % was used for this study. 
 
3.9 Baseline Calculations 
Representative refrigerant and air inlet conditions were chosen (Table 3.1) for the 
design of a baseline combination of geometric parameters for the condenser design heat 
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duty of 14.5 kW.  In addition, the maximum allowable refrigerant temperature glide 
during condensation was set at 1oC so that the driving temperature difference between the 
refrigerant and the air is not adversely affected due to excessive refrigerant pressure drop. 
Also the air velocity through the condenser core was not allowed to exceed 4 m/s.  
Aluminum was chosen as the material for the heat exchanger due to its high 
thermal conductivity, low density and low cost. Table 3.2 shows the initial values of the 
geometric parameters considered. This configuration with a mass of 3.13 kg satisfies the 
design conditions and delivers a heat duty of 14.497 kW, with a subcooling of 5oC, and 
refrigerant-side pressure drop of 24 kPa (3.5 psi). The air-side pressure drop is 25 Pa 
(0.1” H2O). 
 
3.10 Heat Transfer Coefficient Variation along Condenser Length 
Figure 3.3 shows the tube-side heat transfer coefficient and heat duty per segment 
calculated using the two-phase heat transfer correlations by Shah (1979), Traviss et al. 
(1973) and Soliman et al. (1968). There is a step increase in the tube-side heat transfer 
coefficient at every new pass, as the number of tubes per pass is lower in successive 
passes, resulting in a higher refrigerant mass flow rate per tube in successive passes. 
There is a sharp rise in the tube-side heat transfer coefficient calculated by the correlation 
by Soliman et al. (1968) at qualities very close to 0.0. This is because the correlation is 
valid only in the quality range 0.99 > x > 0.03, which leads to the presumably spurious 
rise in heat transfer coefficient for x < 0.03, as shown in Figure 3.3. Similarly there is a 
sharp drop in the heat transfer coefficient calculated by Traviss et al. (1973) for qualities 






Figure 3. 3 Effect of various Two-phase Heat Transfer Correlations s a slight difference in the tube-side heat transfer coefficients calculated using the three 
orrelations, there is very little difference in the heat duty because the air-side thermal 














Figure 3. 4 Effect of Two-phase Heat Transfer Correlation on Condenser Mass ransfer coefficients calculated using correlations by Shah (1979), Traviss et al. (1973) 
nd Soliman et al. (1968) are 6677 W/m2-K, 6906.8 W/m2-K and 4811 W/m2-K and the 
orresponding hAs for the segment are 19.9 W/K, 20.6 W/K and 14.4 W/K, whereas the 
orresponding air-side hA is 3.0 W/K, clearly indicating that the heat duty should be 
nsensitive to small variations in condensation heat transfer coefficients. Consequently, 
he condenser mass required to deliver the design heat duty is almost the same for the 
hree correlations. This is seen from Figure 3.4, which shows that the mass required is 
.91 kg with the Shah (1979) correlation, 2.93 kg with the Traviss et al. (1973) 
orrelation and 3.15 kg with the Soliman et al. (1968) correlation. For all further 
nalyses, the tube-side condensation heat transfer coefficient is calculated using the 
orrelation by Shah (1979). 
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It is helpful to obtain an understanding of the variation in refrigerant and air-side 
heat transfer coefficients across the condenser before a systematic parametric 
optimization of the geometry can be initiated. Figure 3.5 and 3.6 show the tube-side, air-
side and overall heat transfer coefficient and heat duty variation along the length of the 
condenser. The tube-side heat transfer coefficient is low near the condenser inlet region 
because the refrigerant enters the condenser as superheated vapor. At about half way 
through the first pass, the refrigerant starts condensing and the tube-side heat transfer 
coefficient exhibits a sharp increase. In the two-phase region, the tube-side heat transfer 
coefficient gradually decreases as the refrigerant quality decreases because of the 
increase in the liquid fraction and the consequent decrease in flow velocities. 
There is no significant change in the air-side heat transfer coefficient. The air-side 
heat transfer coefficients are slightly higher in the condenser inlet region, due to high 
local heat dissipation rates resulting in higher air outlet temperatures. An increase in the 
mean air temperature (which is an average of the inlet and outlet air temperatures) leads 
to an increase in the thermal conductivity of air, which causes an increase in the air-side 
heat transfer coefficient. The air-side heat transfer coefficient is slightly lower near the 
condenser outlet region for the same reason. As there is no significant variation in the air-
side heat transfer coefficient, the fin efficiency remains fairly constant (0.870 < ηfin < 
0.871).  
Because the air-side heat transfer coefficient is fairly constant (178.0 < hair < 
179.6 W/m2K), the overall heat transfer coefficient variation follows the tube-side heat 
transfer coefficient variation even though the air-side resistance is the governing 






Figure 3. 5 Tube-side and Air-side Heat Transfer Coefficients 
1 W/m2K and 159 W/m2K respectively. The bare tube outer heat transfer area is 1.28 
2, while the fins provide a surface area of 8.70 m2, resulting in an effective heat transfer 






Figure 3. 6 Overall Heat Transfer Coefficient and Heat Duty inimum and maximum values of the heat exchanger UA across the condenser are 798 
/K and 1394 W/K respectively. The heat dissipated in the desuperheating, condensation 
nd subcooling regions are 3.90 kW (26.9%), 9.94 kW (68.5%) and 0.67 kW (4.6%) 
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respectively. The condenser mass required for the desuperheating, condensation and 
subcooling regions are 0.62 kg (21.3%), 2.11 kg (72.5%) and 0.18 kg (6.2%) 
respectively.  
This variation in heat transfer coefficients has a direct bearing on the heat dissipation rate 
along the condenser length. Though the heat transfer coefficients are relatively lower near 
the refrigerant inlet region, the heat dissipation rate is the highest in this region due to a 
large temperature difference between the refrigerant and air. The heat dissipation 
decreases sharply with decrease in refrigerant temperature in the superheated region and 
is lower than that in the two-phase region at the end of the superheated region. This is 
because at the end of the superheated region, the refrigerant temperature is close to the 
saturation temperature but the heat transfer coefficients are much lower due to single-
phase vapor flow. The heat dissipation rate remains fairly constant in the two-phase 
region and decreases slightly in the subcooled region due to the lower refrigerant heat 
transfer coefficient and the decreasing temperature difference between the refrigerant and 
air. Though there is a step increase in the heat transfer coefficient with each pass, this 
increase per pass is compensated by the decrease in the heat transfer area, due to the 
lower number of tubes per pass. 
 
3.11 Goal of Design Optimization 
With a baseline condenser designed, the goal of the design procedure is to obtain the 
design heat duty of 14.5 kW with minimum condenser mass. A lower condenser mass is 
assumed to result in a lower capital cost. For this preliminary analysis, the mass of the 
headers is not included in the calculation, and the variation in fabrication costs with 
 35
geometry is not accounted for. 
There are a number of design parameters that affect the condenser performance. To 
effectively optimize heat exchanger performance based on these parameters, they are 
optimized in the order of their effect on the condenser performance. An initial nominal 
value of all the geometric parameters was assumed (baseline case, Table 3.2) and the 
optimal tube-side pass arrangement is obtained first. In subsequent analyses, the 
parameter that most strongly affected the condenser performance was optimized first, and 
so on. As each design parameter is varied, the total number of tubes in the heat exchanger 
is always kept constant, and the effect of the variation of the parameter under 
consideration on the condenser heat duty is compensated for by varying the heat 
exchanger length so as to always obtain a heat duty within 0.1% of the design heat duty. 
This changing tube length also affects the air-side flow area, which in turn affects the 
heat duty in the condenser, as discussed in subsequent sections. 
The design parameters are optimized in the following order 
1. Pass arrangement 
2. Tube depth 
3. Tube height 
4. Fins per inch 
5. Fin height 
6. Number of webs 
7. Louver angle 
8. Number of louvers 
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3.12 Comparison of the Design Procedure to Prior Work in the Literature 
Webb (1994) described a design methodology to reduce the heat exchanger size 
and weight for a fixed heat duty for a cross-flow spine-fin evaporator. The procedure 
consisted of the following steps.  For fixed air and refrigerant inlet conditions and mass 
flow rate, the required UA to deliver the design heat duty was first calculated. For the 
starting configuration, the fin density and number of tube rows in the air-side direction 
were set to their minimum values, so as to start with a minimum mass configuration.  In 
addition, this configuration facilitates the maximum air flow through the heat exchanger 
for a given allowable air-side pressure drop. (Increases in air-side hA are the most 
beneficial to heat exchanger performance.)  The available UA was then calculated for this 
configuration. If the available UA was less than the required UA, the fin density was 
gradually increased until the required UA was obtained. For this configuration, if the air-
side pressure drop was found to be higher than a pre-specified upper limit, the number of 
air-side tube rows was increased to the next higher value and the design procedure was 
repeated until a configuration that satisfies all the design requirements was obtained. 
The above-mentioned design procedure arrived at a suitable heat exchanger 
configuration by systematically varying a set of geometric parameters. It was seen that an 
effective heat exchanger design was obtained by a judicious change of the key design 
parameters, without trying out all possible heat exchanger configurations. It was 
demonstrated that such an approach taking into consideration the thermal behavior of the 
heat exchanger saved considerable time over a rigorous mathematical optimization 
procedure across all possible parametric variations.. 
 37
The present study uses a similar approach, guided by the expected effects of 
changes in parameters on heat transfer, pressure drop, and mass.  As the parameters are 
changed, the effects on these dependent variables are documented, which guides the 
choice of the following parameters.  The following sections describe the progression of 
the condenser configuration as the most suitable value for each parameter is chosen. 
. 
3.13 Pass Arrangement 
The number of passes was varied keeping the total number of tubes constant. 
During this exercise the number of tubes in each pass was assigned so as to result in 
approximately equal pressure drops in each pass. The various pass arrangements 
considered are listed in Table 3.3. An increase in the number of passes decreases the 
number of tubes in each pass, resulting in a decrease in the refrigerant cross sectional 
flow area. This results in higher refrigerant flow velocities through each tube, which in 
turn increases the refrigerant-side heat transfer coefficient. This helps in reducing the 
total mass of the condenser. 
Figure 3.7 shows that the condenser mass decreases with an increase in the 
Table 3. 3 Pass Arrangements 




















Figure 3. 7 Effect of Number of Passes umber of passes. However the rate of decrease is higher initially and decreases with 
dditional passes because the increase in tube-side heat transfer coefficient and its impact 
n the overall UA is not significant for a further increase in the number of passes. Thus, 
or example, with one pass, the condenser mass is 4.97 kg and decreases to 2.95 kg for 4 
asses, but with a further increase to 6 passes, the mass decreases only to 2.92 kg. The 
ncrease in the refrigerant flow velocity also leads to higher refrigerant pressure drop. 
his results in a higher temperature glide during condensation of the refrigerant, from 
.12oC for one pass to 1.96oC for 6 passes, i.e., greater than the allowable 1oC glide. 
As the number of passes is increased, the tube length is decreased to compensate 
or the additional heat transfer per unit area and thus maintain a constant heat duty. This 
ecreased length also reduces the air-flow area, leading to higher air velocities. This 
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increases the average air-side heat transfer coefficient and pressure drop from 140.9 
W/m2-K and 14.1 Pa for the one-pass configuration to 185.0 W/m2-K and 26.9 Pa for the 
6 pass configuration. 
Based on these analyses, a four-pass arrangement with a tube length of 0.98 m 
was chosen as the optimum configuration, and delivers 14.49 kW with a 2.95 kg 
condenser and a refrigerant temperature glide of 0.69oC. The air-side and refrigerant-side 
pressure drop for this configuration are 0.027 kPa and 49.4 kPa, respectively, well within 
the allowable limits of 0.075 kPa and 62.2 kPa respectively. 
Having chosen an optimum pass arrangement, the effects of varying other 
parameters are systematically investigated, keeping the pass arrangement constant. 
 
3.14 Tube depth 
Increasing the tube depth increases the tube mass per unit length, and also 
increases the heat transfer surface area per unit length of tube. As a result of this, a 
shorter tube would be required to transfer the same heat duty. This reduces the total 
required mass of the condenser. Increasing the tube depth also increases the refrigerant 
cross sectional flow area, which in turn decreases the refrigerant-side heat transfer 
coefficient and the heat transfer capacity of the condenser. Thus, this opposing effect 
increases the total required mass of the condenser. Increasing the tube depth reduces the 
refrigerant-side pressure drop per unit length, due to an increase in the flow area for 
refrigerant flow. This results in a reduction in the refrigerant temperature glide. 
Thus the net effect of a change in the tube depth is a combination of all of the 





Figure 3. 8 Effect of Tube Depth and Height 
rom 3.82 kg at a 11 mm depth to 2.80 kg at a 15 mm depth, reaches a minimum value of 
.74 kg at 19 mm and then gradually rises with an increase in tube depth to 3.18 kg at 35 
41
mm. This is because for a tube depth of more than 19 mm, the increase in heat transfer 
area is negated by the reduction in tube-side heat transfer coefficient due to reduced 
refrigerant flow velocity. Hence 19 mm is chosen as the optimum tube depth. Variation 
of the refrigerant temperature glide with tube depth is also shown in Figure 3.8. As 
expected, this deceases with an increase in tube depth from 3.38oC at 12 mm depth to 
0.16oC at 35 mm depth, and is lower than the allowable value of 1oC for the chosen 
optimum of 19 mm. 
As the tube depth is varied, the tube length is also varied in order to keep the heat 
duty constant for each configuration considered. This change in tube length changes the 
air-flow area, which in turn affects the air velocities. The decrease in condenser mass 
from 3.82 kg (1.84 m length) at 11 mm depth to 2.74 kg (0.85 m length) at 19 mm, is 
partly due to the increase in the air velocity over the condenser face from 1.66 m/s to 3.62 
m/s, due to a reduction in the tube length. This increase in air velocities also increases the 
air-side heat transfer coefficient (158.6 W/m2K at 11 mm depth to 208.7 W/m2K at 19 
mm depth), thus enhancing condenser performance. Increasing the tube depth from 11 
mm to 35 mm also increases the air-side pressure drop from 10.5 Pa (0.04” H2O) to 335.3 
Pa (1.35” H2O), as the air has to flow through a longer path with an increase in tube 
depth.  
The tube depth is kept constant at 19 mm for the subsequent analyses. 
 
3.15 Tube height 
Increasing the tube height increases the refrigerant cross sectional flow area, 
which in turn leads to a decrease in the refrigerant-side heat transfer coefficient and the 
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heat transfer rate. This increases the total required mass of the condenser. Increasing the 
tube height also increases the tube mass per unit length. The refrigerant pressure drop 
decreases due to an increase in the cross sectional area, which reduces the temperature 
glide of the refrigerant. 
As the tube height is increased, the tube length is increased to compensate for the 
decrease in heat transfer rate per unit length of tube. This causes an increase in the air-
flow area, which decreases the air velocities and hence the air-side heat transfer 
coefficients. The air velocity across the condenser face decreases from 3.99 m/s to 3.36 
m/s as the tube height is increased from 0.8 mm to 2.0 mm due to the increase in tube 
length from 0.81 m to 0.88 m. The air-side pressure drop decreases from 74.23 Pa (0.30” 
H2O) for a 0.8 mm height to 66.6 Pa (0.28” H2O) for a 2.0 mm height due to the increase 
in air-flow area. 
Based on these effects, the tube mass required increases with an increase in tube 
height, while the refrigerant temperature glide decreases, as shown in Figure 3.8. The 
condenser mass increases from 2.47 kg at a 0.8 mm height to 3.03 kg at a 2.0 mm height, 
while the refrigerant temperature glide decreases from 1.6oC at a 0.8 mm height to 0.29oC 
at 2.0 mm height. 
From these plots it is clear the smallest possible tube height that maintains the 
refrigerant temperature glide below 1oC should be selected. Thus a tube height of 1.0 mm 
is chosen, and maintained constant for subsequent analyses. The mass of the condenser is 
2.64 kg at the 1.0 mm tube height. 
 
 43
3.16 Fin Density 
Increasing the fin density increases the condenser mass and the air-side heat 
transfer area per unit length of tube, decreasing the tube length required to transfer the 
same heat duty. This effect helps in reducing the total required mass of the condenser. 
Increasing the fin density also decreases the free flow area for air, which in turn increases 
the air velocity and the air-side heat transfer coefficient, which helps in reducing the total 
required mass of the condenser. In addition, as the fin density is increased, even at the 
same air flow velocity, a larger fraction of the air flow occurs through the louvers in a 
boundary layer (Webb 1994). This results in a higher air-side heat transfer coefficient, 
which again helps in reducing the mass of the condenser. As condensation requires a 
smaller tube length at higher fin densities, the refrigerant pressure drop, and in turn, the 
refrigerant temperature glide decreases. A higher fin density, however, increases the fan 
power required. 
The combination of these effects is seen in Figure 3.9, which shows the effect of a change 
in fin density on tube mass and refrigerant temperature glide. Both the tube mass and the 
refrigerant temperature glide decrease with an increase in the fin density. As the fin 
density increases from 3 fins per cm to 12 fins per cm, the condenser mass decreases 
from 5.36 kg to 1.81 kg due to a significant decrease in the tube length from 2.27 m to 
0.38 m, while the refrigerant temperature glide decreases from 2.68oC to 0.50oC. With a 
fin density increase from 3 fins per cm to 12 fins per cm, the tube mass decreases from 
3.07 kg to 0.52 kg, while the fin mass decreases from 2.29 kg to 1.29 kg because even 
though there are more fins per unit length, the total tube length is much smaller. Figure 







Figure 3. 9 Effect of Fin Density ubstantially from 9.2 W at 3 fins per cm to 969.0 W at 12 fins per cm. The decrease in 
ube length also increases the face air velocity from 1.4 m/s for 3 fins/cm to 8.3 m/s for 
2 fins/cm. A fin density of 6 fins per cm was chosen to keep the face velocity below the 
aximum allowable value of 4 m/s. At 6 fins per cm, the condenser mass is 2.61 kg, the 
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refrigerant temperature glide is 0.92oC, and the fan power required is 111.3 W. 
This value of fin density is maintained constant throughout the rest of the 
optimization procedure. 
 
3.17 Fin height 
Increasing the fin height increases the condenser mass per unit length and the air-
side heat transfer area per unit length of tube, which decreases the tube length required to 
transfer the same heat duty. Increasing the fin height also increases the free flow area for 
the air, which leads to lower air velocities and decreases the air-side heat transfer 
coefficient. This effect increases the condenser mass required to obtain the design heat 
duty. The increase in fin height also decreases the fin efficiency due to an increased 
temperature difference between the fin base and tip. The average fin efficiency decreases 
from 0.97 at a 5 mm fin height to 0.72 at a 20 mm fin height. 
The combination of these effects is shown in Figure 3.10. The tube mass first decreases 
with an increase in fin height from 2.83 kg at a 5 mm height to 2.57 kg at a 11 mm 
height, reaches a minimum value at 11 mm and then increases to 2.91 kg at 20 mm 
height. The effect of a change in fin height on the face air velocity is also shown in 
Figure 3.10. As expected, the face air velocity decreases from 5.19 m/s to 2.92 m/s as the 
fin height increases from 5 mm to 20 mm.  
The refrigerant temperature glide is indirectly affected due to a decrease in the 
tube length with increase in fin height, and decreases with an increase in fin height, as 
shown in Figure 3.10.  






Figure 3.10 Effect of Fin Height he tube mass required is the lowest for this value of fin height, and the refrigerant 
emperature glide and the face air velocity are within acceptable limits. 
.18 Number of webs 
Increasing the number of webs in the condenser tube increases the condenser 
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mass per unit length and decreases the refrigerant cross sectional flow area, which results 
in a higher tube-side heat transfer coefficient. This helps in reducing the total required 
mass of the condenser, but also results in a higher refrigerant-side pressure drop and 
increases the refrigerant temperature glide. 
The net effect of the change in the number of webs is shown in Figure 3.11. The 
tube mass initially decreases with an increase in number of webs from 2.55 kg at 5 webs 
to 2.47 kg at 12 webs, reaches a minimum value at 12 webs and then increases to 2.54 kg 
at 20 webs. Thus, because the refrigerant-side heat transfer resistance is not dominant, the 
increase in tube mass with additional webs is greater than the decrease in condenser mass 
due to an improved heat transfer coefficient. As expected, the refrigerant temperature 
glide increases with an increase in the number of webs from 0.68oC for 5 webs to 2.41oC 
for 20 webs. 
The improved heat transfer rate with increasing webs reduces the required tube length 
from 0.90 m for 5 webs to 0.78 m for 20 webs. The decrease in tube length reduces the 
condenser face area, resulting in an increase in the face air velocity from 3.9 m/s for 5 
webs to 4.49 m/s for 20 webs. Among the cases where the face air velocity is lower than 
the allowable value of 4 m/s, the tube mass is minimum when the number of webs is 6. 
This is chosen as the optimum value. The condenser mass and refrigerant temperature 
glide for this optimum value are 2.54 kg and 0.73oC respectively.  
 
3.19 Louver Geometry 
At sufficiently high Reynolds number values, the air flow tends to occur in a 








Figure 3. 11 Effect of Number of Webs 
oundary layer in the short louver width followed by its dissipation in the wake region 
etween the louvers (Webb 1994). This results in significantly higher air-side heat 
ransfer coefficients for louvered fins as compared to smooth fins. Increasing the louver 
ngle increases the air-side heat transfer coefficient, as a larger louver angle results in a 
ore interrupted boundary layer. This helps in reducing the total required mass of the 
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condenser. But increasing the louver angle also increases the air-side pressure drop and 
the fan power required. 
Figure 3.12 shows that the condenser mass decreases with an increase in louver 
angle as expected, from 3.59 kg at 10o to 2.10 kg at 60o. Figure 3.11 shows that the fan 
power increases with an increase in the louver angle from 41.5 W at 10o to 176.6 W at 
60o. The tube length decreases from 1.26 m for a louver angle of 10o to 0.73 m for 60o. 
This decrease in tube length leads to a decrease in the refrigerant temperature glide with 
increase in louver angle from 1.00oC at 10o to 0.62oC at 60o (Figure 3.11). The decrease 
in tube length also increases the face air velocity from 2.8 m/s for 10o to 4.8 m/s at 60o. 
A louver angle of 30o provides the lowest tube mass for which the face air 
velocity is lower than the maximum allowable value of 4 m/s. Hence 30o is chosen as the 
optimum louver angle. The condenser mass, refrigerant temperature glide and fan power 
are 2.54 kg, 0.73oC and 103.1 W, respectively at this louver angle. 
An increase in the number of louvers per cm also increases the air-side heat 
transfer coefficient due to the presence of a more interrupted boundary layer, thus 
reducing the total required mass of the condenser. However increasing the number of 
louvers per cm also increases the air-side pressure drop, resulting in higher fan power. 
Figure 3.13 shows the effect of the change in the number of louvers. As expected, the 
tube mass decreases with an increase in the number of louvers from 3.12 kg for 5 louvers 
per cm to 2.33 kg for 20 louvers per cm. Figure 3.12 shows that the fan power required 
increases with an increase in the number of louvers, from 16.3 W for 5 louvers per cm to 
234.3 W for 20 louvers per cm. The refrigerant temperature glide decreases gradually 







Figure 3. 12 Effect of Louver Angle
ube length from 1.09 m to 0.82 m. The face air velocity increases from 3.23 m/s for 5 
ouvers per cm to 4.3 m/s for 20 louvers/cm due to the decrease in tube length. The 
umber of louvers per cm was chosen to be 13 to obtain the lowest tube mass for which 







Figure 3. 13 Effect of Number of Louvers per cm efrigerant temperature glide and fan power are 2.54 kg, 0.73oC and 103.1 W 
espectively.  
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3.20 Final Optimized Geometry 
 
The final optimized values of all the geometric parameters are shown in Table 3.4. Figure 
3.14 shows the variation in the key parameters of the condenser as each of the design 
parameters are successively varied, as discussed above. The condenser mass reduces as 
each parameter is optimized. Figure 3.14 also depicts the variation of the condenser 
height and length with each parameter. The final optimized values of the condenser 
length and height are lower than the baseline values. Table 3.4 outlines the variation of 
the various condenser performance parameters through the design procedure. The 
Table 3. 4 Optimum Values of the Geometric Parameters 





Fin pitch 1.667 mm 
(0.066 in) 


































    
Tube length 0.89 m  
(2.9 ft) 
    
Pass 
arrangement 













Figure 3. 14 Variation of the Condenser Mass, Height and Length through the 
Optimization procedure ptimum condenser configuration thus obtained has 19% lower mass than the baseline 
onfiguration for the same heat duty.  
In order to verify that the geometry obtained is indeed the best possible one under 
he current design constraints, each of the geometric parameters was individually 
erturbed from its current optimum value. The result of this analysis is presented in Table 
.5. It is seen that for the variation of each of the geometric parameters, either the 
equired condenser mass is higher than the optimum case, or one of the design constraints 
s violated. This confirms that the geometry obtained for the current optimization 
rocedure provides a lower condenser mass than other geometries for the set design 
onstraints. 
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2.54 0.73 3.97 103.1 0.89 0.404  
Pass Arrangement 
4 passes → 3 
passes 
2.58 0.48 4.05 105.9 0.87 0.404 Face Air Velocity 
greater than the 
allowable limit 
Pass Arrangement 
4 passes → 5 
passes 
2.44 1.58 4.29 113.5 0.82 0.404 Face Air Velocity 
greater than the 
allowable limit 
Tube Depth 19 → 
18 mm 
2.56 0.85 3.75 87.4 0.94 0.404 Condenser mass 
greater than the 
Optimum 
Configuration 
Tube Depth 19 mm 
→ 20 mm 
2.535 0.63 4.16 119.6 0.85 0.404 Face Air Velocity 
greater than the 
allowable limit 
Tube Height 1.0 
mm → 0.9 mm 
2.47 0.91 4.09 105.9 0.870 0.401 Face Air Velocity 
greater than the 
allowable limit 
Tube Height 1.0 
mm → 1.1 mm 
2.60 0.60 3.87 101.1 0.90 0.411 Condenser mass 
greater than the 
Optimum 
Configuration 
Fin Density 6 
fins/cm → 5 
fins/cm 
2.94 0.89 3.15 56.3 1.12 0.404 Condenser mass 
greater than the 
Optimum 
Configuration 
Fin Density 6 
fins/cm → 7 
fins/cm 
2.28 0.62 4.78 170.6 0.74 0.404 Face Air Velocity 
greater than the 
allowable limit 
Fin Height 11 mm 
→ 10 mm 
2.26 0.64 4.99 170.1 0.77 0.372 Face Air Velocity 
greater than the 
allowable limit 
Fin Height 11 mm 
→ 12 mm 
2.32 0.61 4.57 169.9 0.71 0.436 Face Air Velocity 
greater than the 
allowable limit 
Number of Webs 6 
→ 5 
2.55 0.68 3.91 101.1 0.90 0.404 Condenser mass 
greater than the 
Optimum 
Configuration 
Number of Webs 6 
→ 7 
2.53 0.78 4.02 104.8 0.88 0.404 Face Air Velocity 
greater than the 
allowable limit 
Louver Angle 30o 
→ 25o 
2.67 0.76 3.77 89.3 0.94 0.404 Condenser mass 
greater than the 
Optimum 
Configuration 
Louver Angle 30o 
→ 35o 
2.43 0.70 4.15 116.4 0.85 0.404 Face Air Velocity 




3.21 Cost Analysis 
It was seen in the preceding analysis that as the condenser mass is decreased, 
typically the fan power increases, even if the air-side velocity and pressure drop are 
maintained within the chosen limits.  To investigate the effect of the increased fan power 
on operating cost, an approximate estimate of the cost of operating a residential air-
conditioning unit in its expected lifetime of 10 years for 3000 hours/year operation was 
calculated. Here, the costs of maintenance and for the operation of the indoor blower 
were not considered.  The compressor was assumed to operate at a power of 4 kW (ideal 
power) with an assumed electrical to mechanical conversion efficiency of 90%.  The 
compressor power of 4 kW was obtained by considering that this design was for a 3-ton 
(10.5 kW) cooling load and a nominal 14.5 kW condenser duty (which yields the 4 kW 
compressor load). The fan was assumed to operate at 60% efficiency. The results of this 
approximate analysis are shown in Table 3.6. The operating cost of the compressor was 
found to be $6667, assuming an electric power rate of 5 c/kWh based on prevailing local 
utility rates.  The fan operating cost, on the other hand, was $90 for the baseline 
configuration and $258 for the optimum configuration. Thus the cost of operating the fan 
was found to be 1.3% and 3.9% of the compressor operating cost for the baseline and 
optimum configurations, respectively.  
It is clear from this analysis that the cost of operating the fan is not significant as 
compared to the cost of operating the compressor, which suggests that minimizing 
condenser mass does not carry with it a significant operating cost penalty. However the 
19% reduction in condenser mass from 3.13 kg to 2.54 kg during the optimization 





















Table 3. 6 Cost Analysis for an Air-conditioning System 







Fan Operation Cost 90 258 
Percentage Cost on Fan 1.3% 3.9% 
Operation 
bout this issue can be made best by conducting a life-cycle cost analysis; however, such 
n analysis is not particularly meaningful when only one component is optimized.  A 
omprehensive optimization of the capital and operating costs of the condenser, 
vaporator, fan, blower and other auxiliary systems was considered to be outside the 
cope of the present study. 
.22 Uncertainty Analysis 
The air-side heat transfer coefficient was calculated using the correlation by Kim 
nd Bullard (2002a). The values of heat transfer coefficient predicted by this equation are 
ccurate to within ±14.5%. The condenser mass was calculated for the maximum and 
inimum values of air-side heat transfer coefficient, obtained by increasing and 
ecreasing the air-side heat transfer coefficient by 14.5%, respectively. It was also 
nsured that the other design constraints were satisfied by the condenser geometry for 
his increased and decreased air-side heat transfer coefficient. The condenser mass was 
ound to be 3.03 kg and 2.41 kg for the minimum and maximum values of the air-side 
eat transfer coefficient. It may be recalled that the condenser mass calculated using the 
ir-side heat transfer coefficient predicted by the correlation was 2.54 kg. The decrease in 
ondenser mass at the upper bound of the heat transfer coefficient is smaller than the 
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corresponding increase at the lower bound because in the upper bound the fin density is 
reduced for 6 fins/cm to 5.3 fins/cm to maintain the face air velocity below 4 m/s.  Thus, 
the effect of uncertainties in air-side heat transfer coefficient on the condenser mass is not 
negligible. 
The tube-side heat transfer coefficient during condensation of the refrigerant is 
calculated using the correlation by Shah (1979). This correlation has an error of ±15.4% 
in the calculated value of the heat transfer coefficient. The condenser mass was calculated 
for minimum and maximum values of two-phase heat transfer coefficients obtained by 
adjusting for the percentage error in the heat transfer coefficient due to the accuracy of 
the correlation. The condenser mass calculated for the minimum and maximum values of 
the tube-side condensation heat transfer coefficients were 2.60 kg and 2.48 kg 
respectively. It can be seen that the condenser mass changes by 2.4% from value 
predicted by the correlation when the uncertainties are taken into account.  When the air-
side uncertainties were considered, as discussed above, the predicted value changed by 
5.1% and 19.3% for the upper and lower bounds, respectively. Thus, uncertainties in air-
side heat transfer coefficient affect the condenser mass more significantly than the 





EFFECT OF AIR FLOW MALDISTRIBUTION 
 
4.1 Need for Air Flow Mal-distribution Study 
Figure 1.2 shows a typical condenser unit of an air conditioning system. The 
condenser coils are vertically placed along the four sidewalls of the condenser unit. Air 
flow over the condenser coils is generated by an induced-draft fan placed at the top of the 
unit. This configuration results in a non-uniform air flow through the condenser coils. 
Hence a uniform air flow distribution, which is assumed in most theoretical studies, is an 
idealization. A study of the condenser performance for mal-distributed air flow 
conditions is therefore required to better approximate the operation of an air-cooled 
condenser under realistic conditions. 
 
4.2 Heat Transfer Coefficient Variation for Uniform Air Flow 
 Before analyzing the performance of the condenser for mal-distributed air flows, 
it would be instructive to study the heat transfer coefficient variation along the condenser 
length for the optimum geometry obtained in the previous chapter, under uniform air 
flow. Figure 4.1 and 4.2 show the air-side, tube-side and overall heat transfer coefficient 
and the heat duty variation along the length of the condenser for uniform air flow. The 
air-side heat transfer coefficient is fairly constant along the entire condenser length 
(221.8 W/m2K < hair < 223.9 W/m2K). There is a slight decrease in the air-side heat 
transfer coefficient at the refrigerant inlet and exit region of the condenser. This decrease 






Figure 4. 1 Air-side and Tube-side Heat Transfer Coefficient Variation he refrigerant during single-phase cooling. This causes a slight drop in the average air 
emperature, and consequently, a slight drop in the thermal conductivity of air. This drop 







Figure 4. 2 Overall Heat Transfer Coefficient and Heat Duty Variation ecause the refrigerant enters the condenser as a superheated vapor, the vapor heat 
ransfer coefficient on the tube-side is low at the condenser inlet region. The tube-side 
eat transfer coefficient at the condenser inlet is 1282 W/m2K. At about halfway through 
he first pass, the refrigerant reaches the saturation temperature and starts to condense, 
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and the tube-side heat transfer coefficient increases sharply to 7977 W/m2K. The tube-
side heat transfer coefficient then gradually decreases to 7516 W/m2K at the end of the 
first pass, due to the decrease in refrigerant quality and the resultant reduction in flow 
velocity. The tube-side heat transfer coefficient then rises to 9144 W/m2K at the inlet to 
the second pass, due to a reduction in the number of tubes per pass (from 13 in the first 
pass to 10 in the second) causing an increase in the refrigerant flow velocity. This trend 
in the tube-side heat transfer coefficient is maintained until about halfway through the 
fourth (last) pass, when the entire refrigerant inventory is condensed and the refrigerant 
starts flowing as subcooled liquid. In the subcooled region, the liquid heat transfer 
coefficient on the tube-side is lower than the condensation heat transfer coefficient, and 
remains fairly constant (5133 W/m2-K < hsubcooled < 5367 W/m2-K) until the exit of the 
condenser. The single-phase heat transfer coefficient in the sub-cooled region is larger 
than the heat transfer coefficient in the superheated region because of better heat transfer 
characteristics of the liquid refrigerant as compared to vapor. 
 The overall heat transfer coefficient is much lower than the tube-side heat transfer 
coefficient due to low air-side heat transfer coefficient. However, as the air-side heat 
transfer coefficient is fairly constant, the nature of the overall heat transfer coefficient 
variation along the condenser length is very similar to the variation of the tube-side heat 
transfer coefficient. Thus the overall heat transfer coefficient is 119.8 W/m2K at the 
refrigerant inlet and sharply rises to 194.8 W/m2K at about halfway through the first pass 
as the refrigerant starts condensing. The overall heat transfer coefficient then gradually 
decreases to 193.4 W/m2K at the end of the first pass, due to a decrease in the refrigerant 
quality. The overall heat transfer coefficient rises to 197.9 W/m2K at the inlet of the 
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second pass due to a decrease in the number of tubes per pass in the second pass. This 
trend in the overall heat transfer coefficient variation is continued in the second and third 
passes, and the overall heat transfer coefficient at inlet to the fourth pass is 195.3 W/m2K. 
The overall heat transfer coefficient then rapidly decreases to 183.9 W/m2K at the end of 
refrigerant condensation, and then gradually decreases in the refrigerant single-phase 
region to 182.2 W/m2K at the refrigerant exit. 
 The variation of the heat transferred in each segment of the condenser along the 
condenser length is shown in Figure 4.2. The heat duty per segment is very high at the 
refrigerant inlet region due to a large temperature difference between the refrigerant and 
the air. Once the refrigerant reaches the two-phase region, the refrigerant-to-air 
temperature difference remains fairly constant (≈ 15oC) and the heat duty variation is 
similar to the variation in the overall heat transfer coefficient. The heat duty decreases 
again in the subcooled region, because of a drop in the refrigerant-to-air temperature 
difference due to refrigerant subcooling. 
 
4.3 Air Flow Mal-distributions Considered 
The effect of non-uniform air flow distribution on the condenser performance was 
studied. The air flow was linearly deviated by varying extents from the uniform case 
keeping the mean air flow rate constant. The deviation from uniform air flow distribution 








=φ  ( 59) 














Figure 4. 3 Positive and Negative Air Flow Mal-distributions hus the deviation is positive when the local air flow rate is maximum at the top and 
inimum at the bottom of the condenser, and negative when the local air flow rate is 
inimum at the top and maximum at the bottom of the condenser. This is illustrated in 
igure 4.3. 
.4 Effect of Negative Air Flow Mal-distribution on Condenser Performance 
A study of the heat transfer coefficient variation along the condenser length for 
al-distributed air flows provides a good insight into the reasons for the change in 
ondenser performance due to mal-distribution. Figure 4.4 and 4.5 show the variation of 
he air-side, tube-side and overall heat transfer coefficients and heat duty along the 
ondenser length for a representative air flow mal-distribution of  = -0.3. Thus, the air 






Figure 4. 4 Effect of Negative Air Flow Mal-distribution on Air-side and Tube-side 
Heat Transfer Coefficient refrigerant outlet region) of the condenser. The air velocity is 2.78 m/s at the top of the 





Figure 4. 5 Effect of Negative Air Flow Mal-distribution on Overall U and Heat Duty 
 
he air-side heat transfer coefficient steadily increases from the top-most tube to the 
ottom-most tube in the condenser, due to increased air flow rates. The air-side heat 
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transfer coefficient at the refrigerant inlet region of the top-most tube is 186.7 W/m2K, 
while the air-side heat transfer coefficient at the corresponding position on the lower-
most tube (refrigerant exit region) is 253.1 W/m2K. The variation of air-side heat transfer 
coefficients within each refrigerant tube is similar to the variation in the uniform air flow 
case, i.e it is fairly constant. 
The effect of air flow mal-distribution is less pronounced in the variation of tube-
side heat transfer coefficient than that in the air-side heat transfer coefficient. The nature 
of the tube-side heat transfer coefficient variation in any given refrigerant tube is similar 
to the uniform air flow case. However unlike for uniform air flow distribution, here the 
tube-side heat transfer coefficient in the upper tubes in any pass is slightly higher than 
those in the lower tubes, in the two-phase and the subcooled region. At the refrigerant 
exit, the tube-side heat transfer coefficient in the top-most tube in the last pass is 5137.4 
W/m2K (subcooled), while the tube-side heat transfer coefficient is 5125.0 W/m2K 
(subcooled) in the lower-most tube in the last pass. This is because the refrigerant 
temperature is slightly higher in the upper tubes, due to the lower heat dissipation as a 
result of lower air flow rates over these tubes. In the two-phase region, the tube-side heat 
transfer coefficients are slightly larger in the upper tubes because due to lower heat 
dissipation rates, the refrigerant quality is slightly higher in the upper tubes with the 
correspondingly higher heat transfer coefficient. At the exit to the first pass, the 
refrigerant is in the two-phase region and the tube-side heat transfer coefficient at the top-
most tube in the first pass is 7840.7 W/m2K (x = 0.84), while at the lower-most tube in 
the same pass, it is 7602.5 W/m2K (x = 0.77). However, in the superheated region, the 
tube-side heat transfer coefficient is found to decrease slightly from the top row to the 
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bottom row in the pass because the mean refrigerant temperature is higher for the lower 
tubes due to the lower air flow. The tube-side heat transfer coefficient in the top-most 
tube at the refrigerant inlet region is 1279.5 W/m2K (superheated), while it is 1281.1 
W/m2K (superheated) for the lower-most tube in that pass. Also, the transition from 
superheated to two-phase, and two-phase to subcooled regions occurs slightly earlier in 
the lower tubes of a pass, due to higher heat dissipation rates in them. This can be seen in 
Figure 4.4. 
For each tube, the air-side heat transfer coefficient is fairly constant, while the 
tube-side heat transfer coefficient varies to a larger extent as explained above. Hence, 
along the tube, the nature of the variation of the overall heat transfer coefficient is similar 
to that of the tube-side heat transfer coefficient. However, among different tubes, the 
variation in the air-side heat transfer coefficient being the significant resistance has a 
pronounced effect on the overall heat transfer coefficient. For tubes in the same pass, the 
overall heat transfer coefficient is lower in the upper tubes, due to lower air-side heat 
transfer coefficients. At the inlet to the first pass, the overall heat transfer coefficient is 
107.4 W/m2K for the top-most tube in the pass, while it is 117.2 W/m2K for the lower-
most tube in the pass. The highest overall heat transfer coefficient occurs in the lower-
most tube of the condenser, where the air flow rate, and therefore the air-side heat 
transfer coefficient is maximum, even though the corresponding refrigerant heat transfer 
coefficient is only characteristic of single-phase liquid flow. 
The variation of the segment heat duty along the condenser length is shown in 
Figure 4.5. The nature of the heat duty variation along a tube is similar to that in the case 
of uniform air flow. However within any pass, the heat dissipation is lower in the upper 
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tubes of a pass, due to lower air flow rates. At the refrigerant inlet region in the first pass, 
the heat dissipation per segment is 40.9 W for the top-most tube, while it is 46.0 W for 
the lower-most tube in the first pass. Though the overall heat transfer coefficient and the 
air flow rate are lowest in the refrigerant inlet region of the condenser, the heat 
dissipation is the highest due to a large refrigerant-to-air temperature difference. 
However, this heat dissipation in the refrigerant inlet region is lower than that in the 
uniform air flow case, due to the lower air flow in this case. In the uniform air flow case, 
the heat duty in the refrigerant inlet region was 47.2 W, i.e., 13% higher than in this case. 
In the refrigerant exit region, the heat dissipation rates are higher in the mal-distributed 
air flow case than for uniform air flow due to the higher air flow rates in this region. The 
heat dissipation rate in the refrigerant exit region is 15.99 W in the top-most tube of the 
last pass and 16.03 W in the lower-most tube, while the heat dissipation rate is 14.04 W 
in the refrigerant exit region for uniform air flow. 
It should be noted that, in the parts where the condenser receives low air flow 
rates, the heat dissipation rate is not drastically affected, as the refrigerant-to-air 
temperature difference is higher in these regions. However, the heat dissipation in the 
parts of the condenser having lower refrigerant-to-air temperature difference was 
enhanced due to higher air flow rates. Thus a negative air flow mal-distribution tends to 
neutralize the imbalance in the heat dissipation rates in various parts of the condenser. 
This results in better condenser performance than the uniform air flow case. In the 
uniform air flow case, a condenser of length 0.89 m was required to achieve the design 
heat duty, while a tube length of 0.88 m was found to be sufficient to deliver the design 
heat duty in the mal-distributed case with air flow mal-distribution of φ  = -0.3. The 
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Figure 4. 6 Effect of Negative Air Flow Mal-distribution on Air-side pressure drop 
and Fan Power  
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corresponding condenser masses are 2.54 kg for the uniform air flow case, and 2.52 kg 
for the mal-distributed air flow case. 
Figure 4.6 shows the variation in the air-side pressure drop and fan power along 
the condenser length. We see that both the air-side pressure drop and the fan power 
required are higher at regions of higher air flow rate. The air-side pressure drop at the 
inlet to the top-most tube is 48.73 Pa, while it is 99.93 Pa at the corresponding position in 
the lower-most tube. The fan power per segment at the inlet to the top-most tube is 0.078 
W, while it is 0.290 W at the corresponding location in the bottom-most tube. The total 
fan power required for this case is 108.5 W, while that for the uniform air flow case is 
103.1 W. 
 
4.5 Effect of Positive Air Flow Mal-distribution on Condenser Performance 
Figure 4.7 and 4.8 show the variation of the tube-side, air-side and overall heat 
transfer coefficients and heat duty along the condenser length for an air flow mal-
distribution of  = 0.3. Thus, the air flow rate is 30% higher at the top (refrigerant inlet 
region) and 30% lower at the bottom (refrigerant outlet region) of the condenser. The air 
velocity is 5.16 m/s at the top of the condenser and 2.78 m/s at the bottom. 
φ
The air-side heat transfer coefficient steadily decreases from the top-most tube to 
the bottom-most tube in the condenser, due to reduced air flow rates. The air-side heat 
transfer coefficient is 251.3 W/m2K at the refrigerant inlet region of the top-most tube, 
and 181.7 W/m2K at the corresponding position on the lower-most tube (refrigerant exit 






Figure 4. 7 Effect of Positive Air Flow Maldistribution on Air-side and Tube-side h 
ube is similar to the variation in the uniform air flow case, i.e it is fairly constant. 
The effect of air flow mal-distribution is less pronounced on the variation of tube-
ide heat transfer coefficient than that on the air-side heat transfer coefficient. The nature 
f the tube-side heat transfer coefficient variation in any given refrigerant tube is similar 
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to the uniform air flow case. However unlike for uniform air flow distribution, here the 
tube-side heat transfer coefficient in the upper tubes in any pass is slightly lower than 
those in the lower tubes, in the two-phase and the subcooled region. At the refrigerant 
exit, the tube-side heat transfer coefficient in the top-most tube in the last pass (subcooled 
region) is 5120.7 W/m2K, while the tube-side heat transfer coefficient is 5138.4 W/m2K 
in the lower-most tube in the last pass. This is because the refrigerant temperature is 
slightly lower in the upper tubes, due to higher heat dissipation as a result of higher air 
flow rates over these tubes. In the two-phase region, the tube-side heat transfer 
coefficients are slightly lower in the upper tubes because due to the higher heat 
dissipation rates, the refrigerant quality is slightly lower in the upper tubes with the 
correspondingly lower h. At the exit to the first pass, the refrigerant is in the two-phase 
region and the tube-side heat transfer coefficient at the top-most tube in the first pass is 
7130.6 W/m2K (x = 0.65), while at the lower-most tube in the same pass it is 7410.9 
W/m2K (x = 0.72). However, in the superheated region, the tube-side heat transfer 
coefficient is found to increase slightly from the top row to the bottom row in the pass 
because the mean refrigerant temperature is lower for the lower tubes due to higher 
airflow. The tube-side heat transfer coefficient in the top-most tube at the refrigerant inlet 
region is 1283.4 W/m2K (superheated), while it is 1282.4 W/m2K (superheated) for the 
lower-most tube in that pass. Also, the transition from superheated to two-phase, and 
two-phase to subcooled regions occurs slightly earlier in the upper tubes of a pass, due to 






Figure 4. 8 Effect of Positive Air Flow Mal-distribution on Overall U and Heat Duty or each tube, the air-side heat transfer coefficient is fairly constant, while the tube-side 
eat transfer coefficient varies to a larger extent as explained above. Hence along the 
ube, the nature of the variation of the overall heat transfer coefficient is similar to that of 
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the tube-side heat transfer coefficient. However, among different tubes, the variation in 
the air-side heat transfer coefficient being the significant resistance has a pronounced 
effect on the overall heat transfer coefficient. For tubes in the same pass, the overall heat 
transfer coefficient is higher in the upper tubes, due to higher air-side heat transfer 
coefficients. At the inlet to the first pass, the overall heat transfer coefficient is 128.1 
W/m2K for the top-most tube in the pass, while it is 121.6 W/m2K for the lower-most 
tube in the pass. The highest overall heat transfer coefficient occurs in the top-most tube 
of the condenser, where the air flow rate, and therefore, the air-side heat transfer 
coefficient is maximum, even though the corresponding refrigerant heat transfer 
coefficient is only characteristic of single-phase vapor flow. 
The variation of the segment heat duty along the condenser length is shown in 
Figure 4.8. The nature of the heat duty variation along a tube is similar to that in the case 
of uniform air flow. However within any pass, the heat dissipation is higher in the upper 
tubes of a pass, due to higher air flow rates. At the refrigerant inlet region in the first 
pass, the heat dissipation per segment is 52.7 W for the top-most tube, while it is 49.2 W 
for the lower-most tube in the first pass. As the overall heat transfer coefficient, the air 
flow rate and the refrigerant-to-air temperature difference are highest in the refrigerant 
inlet region of the condenser, the heat dissipation is highest in this region. Also, this heat 
dissipation in the refrigerant inlet region is higher than that in the uniform air flow case, 
due to the higher air flow rate in this case. In the uniform air flow case, the heat duty in 
the refrigerant inlet region was 47.2 W i.e., 23% lower than in this case. In the refrigerant 
exit region, the heat dissipation rates are lower in the mal-distributed air flow case than 
for uniform air flow due to the lower air flow rates in this region. The heat dissipation 
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rate in the refrigerant exit region is 11.77 W in the top-most tube of the last pass and 
11.55 W in the lower-most tube, while the heat dissipation rate is 14.04 W in the 
refrigerant exit region for uniform air flow. 
It should be noted that in the parts where the local heat dissipation rates are higher 
due to higher refrigerant-to-air temperature difference in the uniform air flow case, the 
heat dissipation rates are further improved due to higher air flow rates. The heat 
dissipation in the parts of the condenser having lower refrigerant-to-air temperature 
difference is further decreased due to lower air flow rates. Thus a positive air flow mal-
distribution tends to aggravate the imbalance in the heat dissipation rates in various parts 
of the condenser. This results in poorer condenser performance than the uniform air flow 
case. In the uniform air flow case, a condenser of length 0.89 m was required to achieve 
the design heat duty, while a tube length of 0.92 m was required to deliver the design heat 
duty in the mal-distributed case with air flow mal-distribution of  = 0.3. The 
corresponding condenser masses are 2.54 kg for the uniform airflow case and 2.62 kg for 
the mal-distributed air flow case. 
φ
Figure 4.9 shows the variation in the air-side pressure drop and fan power along 
the condenser length. We see that both the air-side pressure drop and the fan power 
required are higher at regions of higher air flow rate. The air-side pressure drop at the 
inlet to the top-most tube is 96.92 Pa, while it is 44.91 Pa at the corresponding position in 
the lower-most tube. The fan power per segment at the inlet to the top-most tube is 0.285 
W, while it is 0.070 W at the corresponding location in the bottom-most tube. The total 
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Figure 4. 9 Effect of Positive Air Flow Mal-distribution on Air-side Pressure Drop and 
Fan Power 77
fan power required for this case is 103.4 W, while it is 103.1 W for the uniform air flow 
case and 108.5 W for an air flow maldistribution of degree φ = -0.3. 
 
4.6 Summary of Condenser Performance for Mal-distributed Air Flow 
Conditions 
Similar to the analyses described previously, the condenser performance was 
analyzed for air flow mal-distributions ranging from -0.5 < φ  < 0.5. In all these cases, the 
average air flow rate was always maintained constant at 1.62 kg/s (3000 cfm). The results 
of these analyses are plotted in Figure 4.10. 
Starting with uniform air flow case, as the degree of air flow mal-distribution is 
made more negative the condenser performance improves initially and the condenser 
mass required to transfer the design heat duty of 14.5 kW decreases. The condenser mass 
is minimum for an air flow mal-distribution of φ  = -0.2. As the air flow mal-distribution 
is made further negative, the condenser performance drops and the condenser mass 
required to deliver the design heat duty increases. This is because for very adverse 
negative air flow mal-distributions, the air-side heat transfer coefficients near the top of 
the condenser are so small that they significantly affect the overall heat dissipation, and 
hence lower the condenser performance. 
As the condenser performance improves, the condenser length required to deliver 
the design heat duty goes down. This reduces the condenser face area which results in an 
increase in the face air velocity. Thus the face air velocity is maximum (4.00 m/s) for an 
air flow mal-distribution of -0.2 and is lower for other cases with larger condenser 
lengths. A higher face velocity also results in higher air-side pressure drops, which causes 






Figure 4. 10 Effect of Air Flow Mal-distribution 
an power required for various air flow mal-distributions. The fan power decreases from 
14.6 W for  = -0.5 to 105.8 W for φ φ  = 0.5. Also, the refrigerant temperature glide is 
een to decrease with more positive air flow mal-distributions. The refrigerant 
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temperature glide is 0.81oC for an air flow mal-distribution of degree -0.5, 0.73oC for 
uniform air flow and 0.62oC for an air flow mal-distribution of 0.5. 
The results obtained from the present analysis are quite similar to the results of air 
flow mal-distribution studies conducted earlier by various researchers for conventional 
heat exchanger geometries. For example, Lee et al. (2003) numerically found the 
maximum reduction in the heat transfer rate due to air flow mal-distribution to be 6% for 
finned-tube evaporators (for a two-dimensional concave air velocity distribution with 
about 50% deviation from the mean value). Rabas (1987) found the maximum deviation 
in the condenser performance was 7% due to air flow mal-distribution (for a parabolic air 
flow mal-distribution with 50% deviation from the mean air velocity). Chiou (1983) 
estimated a 5-10% decrease in heat transfer rate due to air flow mal-distribution in 
automobile air-conditioning condensers. In the present study, the maximum reduction in 




CONDENSER DESIGN FOR MAL-DISTRIBUTED AIR FLOWS 
 
5.1 Need for Design Modifications for Mal-distributed Air Flows 
In the previous chapter, it was seen that the condenser performance drops for 
certain air flow mal-distributions. As the air flows available to condensers in real-life 
applications are mal-distributed, it is necessary to overcome this drop in performance 
through appropriate modifications in condenser design. One solution is to simply increase 
the condenser length by adding a factor of safety to the design calculations. This however 
increases the material and refrigerant costs and defeats the entire purpose of the 
optimization procedure. Another method is to have non-uniform air-side geometry such 
as a non-uniform fin density and fin height so that the condenser performance is 
improved. This method to further improve condenser performance is discussed in the 
present chapter. 
 
5.2 Fin Density Non-uniformities Considered 
 The fin density was varied linearly for every row keeping the mean fin density 
constant at 6 fins per cm. However, it should be noted that the structural strength of the 
condenser could decrease with extremely low fin densities; hence practical designs 
should have a lower limit on the fin density at any point in the condenser. The fin density 









=  ( 60) 
Thus for a positive fin density deviation, the fin density is maximum at the top 
and minimum at the bottom, while for a negative fin density deviation the fin density is 
minimum at the top and maximum at the bottom. For a fin density deviation of -0.5, the 
fin density is 50% lower at the top (refrigerant inlet region) of the condenser and 50% 
higher at the bottom, that is, 3 fins per cm at the top and 9 fins per cm at the bottom. 
 
5.3 Condenser Performance for a Non-uniform Fin Density 
 It is instructive to study the variation in heat transfer coefficients under 
non-uniform fin densities to understand the condenser performance in that case. Figure 
5.1 and 5.2 show the variation of the tube-side, air-side and overall heat transfer 
coefficients and the heat duty for a fin density deviation of 0.2 under an air flow mal-
distribution of degree 0.3. In this case the fin density at the top of the condenser is 7.2 
fins per cm, while the fin density at the bottom of the condenser is 4.8 fins per cm. The 
average fin density is maintained at a constant value of 6 fins per cm. The face air 
velocity is 5.16 m/s at the top of the condenser and 2.78 m/s at the bottom. (The air 
velocity through the heat exchanger will be different in this case than the uniform fin 
density case with mal-distributed air flow due to the different fin density. But face 
velocity is the same because it is computed upstream of the heat exchanger core and only 
depends on the face area) 
The air-side heat transfer coefficient steadily decreases from the top-most tube to 






Figure 5.1 Effect of Fin Density Non-uniformity on Air-side and Tube-side h ensities. The air-side heat transfer coefficient at the refrigerant inlet region of the top-
ost tube is 260.3 W/m2K, while the air-side heat transfer coefficient at the 






Figure 5.2 Effect of Fin Density Non-uniformity on Overall U and Heat Duty he variation of air-side heat transfer coefficients along each refrigerant tube is similar to 
he variation in the uniform air flow case, that is, it is fairly constant. The disparity in the 
ir-side heat transfer coefficients in the top and bottom extremes of the condenser is even 
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more than that in the case of uniform fin densities under the same mal-distributed air 
flow. This is because in addition to having a higher air flow rate, the upper tubes also 
have a higher fin density, thus further enhancing the air-side heat transfer coefficients at 
the top. 
As in the case of uniform fin densities under mal-distributed air flow conditions, 
the effect of fin density variation is less pronounced on the variation of tube-side heat 
transfer coefficient than that on the air-side heat transfer coefficient. The nature of the 
tube-side heat transfer coefficient variation in any given refrigerant tube is similar to the 
uniform fin density case with an air flow mal-distribution of degree 0.3. However, in this 
case, the difference between the tube-side heat transfer coefficients at the top-most and 
lower-most tubes in the same pass is more than that in the case of uniform fin density. 
This is because, in this case the heat dissipation is even higher in the upper tubes because 
in addition to a higher air flow rate, the upper tubes also have a higher fin density leading 
to a higher heat dissipation from the upper tubes. At the refrigerant exit (subcooled 
region), the tube-side heat transfer coefficient in the top-most tube in the last pass is 
5111.7 W/m2K, while the tube-side heat transfer coefficient is 5134.7 W/m2K in the 
lower-most tube in the last pass. This is because the refrigerant temperature is slightly 
lower in the upper tubes, due to higher heat dissipation as a result of higher air flow rates 
and higher fin densities over these tubes. In the two-phase region, the tube-side heat 
transfer coefficients are slightly lower in the upper tubes because due to higher heat 
dissipation rates, the refrigerant quality is slightly lower in the upper tubes. At the exit to 
the first pass, the refrigerant is in the two-phase region and the tube-side heat transfer 
coefficient at the top-most tube in the first pass is 6813.9 W/m2K (x = 0.60), while at the 
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lower-most tube in the same pass is 7365.1 W/m2K (x = 0.71). However, in the 
superheated region, the tube-side heat transfer coefficient is found to increase with a 
decrease in refrigerant temperature. As a result, the tube-side heat transfer coefficients are 
found to be higher for the upper tubes in a pass. The tube-side heat transfer coefficient in 
the top-most tube at the refrigerant inlet region is 1284.6 W/m2K (superheated), while the 
tube-side heat transfer coefficient is 1282.5 W/m2K (superheated) for the lower-most tube 
in that pass. Also, as in the case of uniform fin densities under mal-distributed air flows 
of degree 0.3, the transition from superheated to two-phase and two-phase to subcooled 
occur slightly earlier in the upper tubes of a pass, due to higher heat dissipation rates in 
them. 
Along each tube, the air-side heat transfer coefficient is fairly constant, while the 
tube-side heat transfer coefficient varies to a larger extent. Hence within a tube, the 
nature of the variation of the overall heat transfer coefficient is similar to that of the tube-
side heat transfer coefficient. However, among different tubes, the variation in the air-
side heat transfer coefficient being the significant resistance has a pronounced effect on 
the overall heat transfer coefficient. For tubes in the same pass, the overall heat transfer 
coefficient is higher in the upper tubes, due to higher air-side heat transfer coefficients. 
At the inlet to the first pass, the overall heat transfer coefficient is 120.6 W/m2K for the 
top-most tube in the pass, while it is 119.5 W/m2K for the lower-most tube in the pass. 
The highest overall heat transfer coefficient occurs in the top-most tube of the condenser, 
where the air flow rate and the air-side heat transfer coefficient is maximum. 
The variation of the segment heat duty along the condenser length is shown in 
Figure 5.2. The nature of the heat duty variation within a tube is similar to that in the case 
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of uniform fin densities. However within any pass, the difference between the heat 
dissipation rates of the upper and lower tubes is greater as in addition to a higher air flow 
rate, the upper tubes also have a higher fin density (providing greater surface area), thus 
further enhancing the heat dissipation in the upper tubes of a pass. At the refrigerant inlet 
region in the first pass, the heat dissipation per segment is 56.2 W for the top-most tube, 
while it is 50.0 W for the lower-most tube in the first pass. As the overall heat transfer 
coefficient, the air flow rate and the refrigerant-to-air temperature difference are the 
highest in the refrigerant inlet region of the condenser, the heat dissipation is highest 
here. Also, this heat dissipation in the refrigerant inlet region is higher than that in the 
uniform fin density case, due to higher fin density and the larger heat transfer coefficient 
due to higher air flow rates and smaller air-side cross-sectional area, which further 
enhances the heat transfer coefficient. In the uniform fin density case, the heat duties in 
the refrigerant inlet region were 52.7 W and 49.2 W, respectively, for the upper and 
lower tubes in this pass. In the refrigerant exit region, the heat dissipation rates are lower 
in the non-uniform fin density case than the uniform fin density case due to lower fin 
densities. The heat dissipation rate in the refrigerant exit region is 10.54 W in the top-
most tube of the last pass and 10.20 W in the lower-most tube for non-uniform fin 
densities, while the heat dissipation rate is 11.77 W and 11.55 W in the upper and lower 
tubes in the refrigerant exit region for uniform fin densities (with the same mal-
distributed air flow). 
Though the disparity in the air-side heat transfer coefficient is higher in the case 
of non-uniform fin density, the average air-side heat transfer coefficient is found to be 
higher in this case. The average air-side heat transfer coefficient is 210.7 W/m2K in the 
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case of uniform density, while it is 211.3 W/m2K in the case of fin density deviation of -
0.2 under an air flow mal-distribution of φ  = 0.3. As a result, the non-uniform fin density 
case in seen to perform better than the uniform fin density case. The condenser length 
required to deliver the design heat duty in the case of a uniform fin density is 0.92 m, 
while a length of 0.91 m is found to be sufficient in the case of non-uniform fin density 
with fdev = 0.2. The corresponding condenser masses are 2.62 kg and 2.61 kg for the 
uniform and non-uniform fin density cases, respectively. 
Figure 5.3 shows the variation in the air-side pressure drop and fan power along 
the condenser length. It can be seen that both the air-side pressure drop and the fan power 
required are higher at regions of higher air flow rate and higher fin densities. The air-side 
pressure drop at the inlet to the top-most tube is 135.4 Pa, while it is 30.0 Pa at the 
corresponding position in the lower-most tube. The fan power per segment at the inlet to 
the top-most tube is 0.399 W, while it is 0.047 W at the corresponding location in the 
bottom-most tube. The total fan power required in this case is 113.6 W, while that for a 
uniform fin density distribution under the same air flow condition is 103.4 W. 
Figure 5.4 summarizes the condenser performance for various fin density non-
uniformities ranging from -0.7 to 0.7 under an air flow with mal-distribution of degree 
0.3. The condenser mass is found to be minimum for a fin density deviation of 0.2. Thus 
a fin density deviation of 0.2 is chosen as the optimum fin density configuration. This 
configuration requires a condenser mass of 2.61 kg, with a refrigerant temperature glide 
of 0.63oC and fan power requirement of 113.6 W. 
As the condenser length is decreased, the condenser face area decreases, resulting 
in an increase in the air face velocity. (It should be noted that the corresponding core 
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Figure 5. 4 Effect of Fin Density Non-uniformity 
elocities vary across the condenser due to mal-distribution as well as the variation of fin 
ensities). Hence the average face air velocity is maximum at 3.86 m/s for a fin non-
niformity of 0.2. The fan power however constantly increases as the fin density non-
niformity is made more positive. This is because at highly positive fin density non-
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uniformities, though the face velocities are lower, the fan power is high due to the very 
high pressure drop combined with a high air flow rate at the top of the condenser. For a 
fin density distribution with fdev = 0.7 and air flow distribution with φ  = 0.3, the local 
face air velocity at the top of the condenser is highest at 5.12 m/s and the fin density is 
maximum at 10 fins per cm, resulting in extremely high air-side pressure drop and fan 
power. The air-side pressure drop and fan power per segment in the refrigerant inlet 
region of the top tube in this case is 240.9 Pa and 0.712 W, respectively, while they are 
5.1 Pa and 0.008 W in the corresponding position in the lower-most tube.  In the case of a 
negative fin density non-uniformity of fdev = -0.7, the face air velocity is still maximum at 
the top at 5.12 m/s, but the fin density is lowest at this point at 2 fins/cm. Similarly, the 
fin density is maximum at 10 fins/cm at the bottom, where the local face air velocity is 
minimum at 3.03 m/s. Hence a negative fin density distribution tends to negate the effect 
of air flow maldistribution, resulting in a lower fan power. The fan power required is 
138.9 W for a fin non-uniformity of 0.7 and it reduces to 73.3 W for a fin non-uniformity 
of -0.7. 
 
5.4 Fin Height Non-uniformities considered 
To further investigate additional modifications to the air-side geometry to address 
mal-distributed air flows, variations in fin height were also considered. But it should be 
noted that non-uniform fin heights might introduce additional complications in condenser 
assembly, particularly in the design of tube-side headers. Also, the introduction of 
multiple sizes of fins in the heat exchanger could lead to additional tooling and capital 
costs. These issues must be considered before variable fin heights are implemented. 
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For the purpose of this study, keeping the above practical considerations in mind, 
the fin height was varied linearly for every row keeping the mean fin height constant at 








=  ( 61) 
Thus for a positive fin height deviation, the fin height is maximum at the top and 
minimum at the bottom, while for a negative fin height deviation the fin height is 
minimum at the top and maximum at the bottom. For a fin height deviation of 0.5, the fin 
height is 50% higher at the top (refrigerant inlet region) of the condenser, and 50% lower 
at the bottom, that is, 16.5 mm at the top and 5.5 mm at the bottom. 
 
5.5 Condenser Performance for a Non-uniform Fin Height 
 Figure 5.5 and 5.6 show the variation of the tube-side, air-side and overall 
heat transfer coefficients and heat duty for a fin height deviation of 0.1, for a fin density 
deviation 0.2 (i.e. the optimum fin density distribution) under an air flow mal-distribution 
of degree 0.3. In this case, the fin height at the top of the condenser is 12.1 mm, while the 
fin height at the bottom of the condenser is 9.9 mm. The average fin height is maintained 
at a constant value of 11 mm. The face air velocity is 5.16 m/s at the top of the condenser 
and 2.78 m/s at the bottom. 
The air-side heat transfer coefficient steadily decreases from the top-most tube to 
the bottom-most tube in the condenser, due to reduced air flow rates, reduced fin 
densities and reduced fin height. The air-side heat transfer coefficient at the refrigerant 





Figure 5. 5 Effect of Fin Height Deviation on Air-side and Tube-side h oefficient at the corresponding position on the lower-most tube (refrigerant exit region) 
s 182.4 W/m2K. The variation of air-side heat transfer coefficients within each 
93
Figure 5. 6 Effect of Fin Height Deviation on Overall U and Heat Duty 
refrigerant tube is similar to the variation in the uniform fin height case, that is, it is fairly 
constant. The disparity in the air-side heat transfer coefficients in the top and bottom 
extremes of the condenser is lesser than that in the case of uniform fin height under the 
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same mal-distributed air flow. For example, in this case the air-side heat transfer 
coefficient at the refrigerant inlet at the top-most tube is 251.5 W/m2-K, while it is 182.7 
W/m2-K at the corresponding point on the bottom-most tube. For the uniform fin height 
case, the air-side heat transfer coefficient at the refrigerant inlet at the top-most tube is 
260.3 W/m2-K, while it is 175.6 W/m2-K at the corresponding point on the lower-most 
tube. This is because the fin height is higher at the region receiving higher air flow, which 
reduces the air velocity. The net effect is to reduce the disparity in the air-side heat 
transfer coefficient between the top and bottom-most tubes. Thus, while the fin surface 
area is higher in the top portion of the condenser (fin surface area per unit length of tube 
for the top-most tube is 0.339 m2 for chdev = 0.1, while it is 0.307 m2 for uniform fin 
height distribution), the air-side heat transfer coefficient is lower. 
As in the case of uniform fin height under mal-distributed air flow conditions, the 
effect of fin height variation is less pronounced on the variation of tube-side heat transfer 
coefficient than that on the air-side heat transfer coefficient. The nature of the tube-side 
heat transfer coefficient variation in any given refrigerant tube is similar to the uniform 
fin height case with an air flow mal-distribution of degree 0.3 and fin density deviation of 
0.2. However, in this case, the difference between the tube-side heat transfer coefficients 
between the top-most and lower-most tubes in the same pass is more than that in the case 
of uniform fin height. This is because, in this case the heat dissipation is even higher in 
the upper tubes, as in addition to a higher air flow rate and higher fin density, the upper 
tubes also have a higher fin height leading to a higher heat dissipation from the upper 
tubes. It is to be noted that higher fin heights also reduce the local air velocity which 
tends to lower the air-side heat transfer coefficient. However in the present case, as the 
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fin height is increased, the enhancing effect due to the increase in heat transfer area 
dominates, thus increasing the heat dissipation for a higher fin height.  At the refrigerant 
exit, the tube-side heat transfer coefficient in the top-most tube in the last pass is 5111 
W/m2K (subcooled), while the tube-side heat transfer coefficient is 5134 W/m2K 
(subcooled) in the lower-most tube in the last pass. This is because the refrigerant 
temperature is slightly lower in the upper tubes, due to the higher heat dissipation as a 
result of higher air flow rates, larger fin densities and larger fin heights over these tubes. 
In the two-phase region, the tube-side heat transfer coefficients are slightly lower in the 
upper tubes because due to higher heat dissipation rates, the refrigerant quality is slightly 
lower in the upper tubes. At the exit to the first pass, the refrigerant is in the two-phase 
region and the tube-side heat transfer coefficient at the top-most tube in the first pass is 
6768.8 W/m2K (x = 0.59), while at the lower-most tube in the same pass is 7359.0 
W/m2K (x = 0.70). However, in the superheated region, the tube-side heat transfer 
coefficient is found to increase with a decrease in refrigerant temperature. As a result, the 
tube-side heat transfer coefficients are found to be higher for the upper tubes in a pass. 
The tube-side heat transfer coefficient in the top-most tube at the refrigerant inlet region 
is 1284.8 W/m2K (superheated), while the tube-side heat transfer coefficient is 1282.6 
W/m2K (superheated) for the lower-most tube in that pass. Also, as in the case of uniform 
fin height, the transition from superheated to two-phase and two-phase to subcooled 
regions occur slightly earlier in the upper tubes of a pass, due to the higher heat 
dissipation rates in them. 
Within each tube, the air-side heat transfer coefficient is fairly constant, while the 
tube-side heat transfer coefficient varies significantly. Hence within a tube, the nature of 
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the variation of the overall heat transfer coefficient is similar to that of the tube-side heat 
transfer coefficient. However, among different tubes, the variation in the air-side heat 
transfer coefficient being the significant resistance has a pronounced effect on the overall 
heat transfer coefficient. For tubes in the same pass, the overall heat transfer coefficient is 
higher in the upper tubes, due to higher air-side heat transfer coefficients. At the inlet to 
the first pass, the overall heat transfer coefficient is 114.7 W/m2K for the top-most tube in 
the pass, while it is 118.2 W/m2K for the lower-most tube in the pass. The highest overall 
heat transfer coefficient occurs in the top-most tube of the condenser, where the air flow 
rate and the air-side heat transfer coefficient is maximum. 
The variation of the segment heat duty along the condenser length is shown in 
Figure 5.6. The nature of the heat duty variation within a tube is similar to that in the case 
of uniform fin height. However within any pass, the difference between the heat 
dissipation rates of the upper and lower tubes is more as compared to the uniform fin 
height case, as though the disparity in the air-side heat transfer coefficient distribution is 
reduced, the effect of increase in the fin area due to increase in fin height dominates. The 
air-side heat transfer coefficient varies from 251.5 W/m2-K to 182.7 W/m2-K for the top-
most and bottom-most tubes for chdev = 0.1, while it varies from 260.3 W/m2-K to 175.6 
W/m2-K in the uniform fin height case. The fin surface area per unit length of tube is 
0.339 m2 for chdev = 0.1, while it is 0.308 m2 for uniform fin height distribution at the top-
most tube. At the refrigerant inlet region in the first pass, the heat dissipation per segment 
is 56.7 W for the top-most tube, while it is 50.1 W for the lower-most tube in the first 
pass. As the overall heat transfer coefficient, the air flow rate and the refrigerant-to-air 
temperature difference are the highest in the refrigerant inlet region of the condenser, the 
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heat dissipation is highest in this region. Also, this heat dissipation in the refrigerant inlet 
region is higher than that in the corresponding uniform fin height case, due to higher fin 
height. In the uniform fin height case, the heat duty in the refrigerant inlet region was 
56.2 W and 50.0 W respectively for the upper and lower extreme tubes on the pass. In the 
refrigerant exit region, the heat dissipation rates are lower in the non-uniform fin height 
case than uniform fin height case due to lower fin heights. The heat dissipation rate in the 
refrigerant exit region is 10.34 W in the top-most tube of the last pass and 9.98 W in the 
lower-most tube for non-uniform fin heights, while it is 10.54 W and 10.20 W in the 
upper and lower extreme tubes, respectively, in the refrigerant exit region for the 
corresponding uniform fin height case. 
The condenser performance is seen to be slightly better than the corresponding 
uniform fin height case due to the reduction in disparity in the air-side heat transfer 
coefficient distribution. The condenser length required to deliver the design heat duty in 
the case of a uniform fin height is 0.913 m, while a length of 0.912 m is found to be 
sufficient in the case of non-uniform fin height with deviation 0.1. The corresponding 
condenser masses are 2.610 kg and 2.608 kg for the uniform and non-uniform fin height 
cases. 
Figure 5.7 shows the variation in the air-side pressure drop and fan power along 
the condenser length. It can be seen that both the air-side pressure drop and the fan power 
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Figure 5. 7 Effect of Fin Height Deviation on Air-side Pressure Drop and Fan Power 99
required are higher at regions of higher air flow rate and higher fin densities in spite of 
the additional flow area provided in the upper rows due to the larger fin height. The air-
side pressure drop at the inlet to the top-most tube is 129.4 Pa, while it is 31.9 Pa at the 
corresponding position in the lower-most tube. The fan power per segment at the inlet to 
the top-most tube is 0.381 W, while it is 0.050 W at the corresponding location in the 
bottom-most tube. The total fan power for this case is 112.0 W, while that for the uniform 
fin height case is 113.6 W. 
Figure 5.8 summarizes the condenser performance for various fin height non-
uniformities ranging from -0.7 to 0.7 under an air flow mal-distribution of degree 0.3 and 
fin density non-uniformity of degree 0.2. The condenser mass is found to be minimum for 
a fin height deviation of 0.1. Thus a fin height deviation of 0.1 is chosen as the optimum 
fin height configuration. This configuration requires a condenser mass of 2.608 kg, with a 
refrigerant temperature glide of 0.62oC and fan power requirement of 112.0 W. 
As the condenser length is decreased, the condenser face area decreases resulting 
in an increase in the air face velocity. Hence the face air velocity is maximum at 3.86 m/s 
for a fin height non-uniformity of 0.1. The fan power however constantly increases as the 
fin height non-uniformity is made more negative. This is because at highly negative fin 
height non-uniformities, though the face velocities are lower, the fan power is high due to 
the very high pressure drop (in the top-most tube, 221.6 Pa for chdev = -0.7, while 135.4 
Pa for uniform fin height distribution) combined with a high air flow rate at the top of the 
condenser. The air-side pressure drop at the refrigerant inlet region of the top-most 







Figure 5. 8 Effect of Fin Height Deviations istribution. The fan power required is 127.8 W for a fin height non-uniformity of -0.7, 
nd decreases to 103.1 W for a fin height non-uniformity of 0.7. 
hus the optimum air-side geometry for an air flow mal-distribution of degree φ  = 0.3 is 
 fin density deviation fdev of -0.2 and a fin height deviation chdev of 0.1.  
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5.6 Optimum Air-side Geometry for various Air Flow Mal-distributions 
An air-side geometry optimization study, like the one described in the previous four 
sections was conducted for air flows of mal-distribution ranging from -0.5 to 0.5. The 
 
Figure 5. 9 Performance of the Optimum Geometry 102
Figure 5. 10 Performance of the Optimum Geometry 
results of these optimization studies are summarized in Figures 5.9 and 5.10. It is seen 
that the condenser mass required is reduced by the air-side geometry optimizations for 
the extreme air flow mal-distributions. For an air flow mal-distribution of  = 0.5, the 
required condenser mass is 2.73 kg for uniform air-side geometry, but can be reduced to 
2.65 kg through air-side geometry optimizations. Similarly, for an air flow mal-
φ
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distribution of -0.5 the required condenser mass is reduced from 2.55 kg to 2.53 kg 
through air-side geometry optimization. 
The refrigerant temperature glide is significantly lower in the case of air flow 
mal-distribution of degree 0.5. The refrigerant temperature glide in the case of uniform 
air-side geometry is 0.62oC and decreases to 0.49oC by air-side geometry optimization. 
The face air velocity is higher in the optimum air-side geometry cases, because 
these have a lower tube length and hence a lower condenser face area. This also results in 
higher fan power requirement for the optimum cases. This is shown in Figure 5.10. 
This analysis shows that the maximum reduction in the condenser mass due to air-
side geometry modifications is from 2.73 kg to 2.64 kg for an air flow mal-distribution of 
0.5. However in section 3.10,  the condenser masses calculated for the baseline geometry 
using the correlations by Shah (1979), Traviss et al. (1973) and Soliman et al. (1968) 
were 2.91 kg, 2.93 kg and 3.15 kg respectively. Thus the change in condenser mass due 
to the use of different tube-side heat transfer coefficient correlations is more than that due 
to the use of non-uniform air-side geometries.  Therefore, uncertainties in heat transfer 
correlations should be recognized while choosing geometric parameters.  It can still be 
concluded, however, that given a heat transfer correlation, the minima in condenser mass 
will occur at the same combination of parameters as chosen here, although the actual 




CONCLUSIONS AND RECOMMENDATIONS 
 
6.1 Conclusions 
An analysis of the heat duty, pressure drop and other performance parameters of a 
multilouver fin, microchannel condenser for a variety of geometry and inlet conditions 
was performed in this study. The refrigerant-side and air-side heat transfer coefficients 
and pressure drop were computed using correlations from the literature. For a uniform air 
flow case, a design procedure was developed to obtain the condenser geometry that 
delivers the required heat duty of 14.5 kW with lowest condenser mass. The design 
procedure led to a 19% reduction in the required condenser mass.  
The performance of the optimum geometry obtained for uniform air flow 
conditions was then tested under linearly mal-distributed air flow conditions. An air flow 
mal-distribution of degree φ  = 0.5 (i.e. higher air flow rate near refrigerant inlet) was 
found to increase the required condenser mass by 7%, while an air flow mal-distribution 
of degree  = -0.2 was found to reduce the required condenser mass by 1%. The air-side 
geometrical parameters, viz. fin density and fin height were linearly varied to obtain a 
geometry that delivers the design heat duty with minimum condenser mass under mal-
distributed air flow conditions. The required condenser mass was reduced by as much as 
3% due to judicious allocation of fin density and fin height across the condenser. In fact, 
for certain cases, the optimum geometry obtained for mal-distributed air flows was found 
to have a lower mass than the original condenser, designed for uniform air flow. Thus air 
flow mal-distributions could be turned to a benefit, by careful design. 
φ
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The design procedure presented in the current work can be used as a tool for 
efficient microchannel condenser design. A set of design constraints were used in the 
current work. These constraints could be modified to suit the specific application. Also 
the ease of manufacture and first cost of the optimum geometry needs to be considered, 
while designing for a real-life application. 
 
6.2 Recommendations for Further work 
This work represents a preliminary step in the analysis and design of 
microchannel tube, multilouver fin condensers under realistic air flow conditions. While 
air flow mal-distributions from the top to bottom of the condenser were considered here, 
potential lateral mal-distributions and non linear vertical distributions of air flow should 
also be investigated. Also the modifications made in the air-side geometry to improve 
condenser performance might affect the upstream inlet air flow pattern available to the 
condenser. The condenser design for mal-distributed air flow could be further improved 
to account for this cross effect of change in inlet air flow pattern due to modifications in 
downstream air-side geometry. Furthermore, in all case investigated here, the air inlet 
temperature was assumed to be uniform across the condenser. Mal-distributed 
temperatures should be investigated in further studies. Refrigerant flow across different 
tubes within a pass was also assumed to be uniform in this study; however in actual 
condensers, refrigerant flow non-uniformities exist due to poor header design and 
fabrication. An investigation of the effect of refrigerant mal-distribution on condenser 
performance would complement this study. It should be noted that the design procedure 
for uniform air flow optimized one geometric parameter at a time and did not account for 
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the cross-effects between various parameters. While a perturbation of the final chosen 
parameters was conducted to validate the choice of these values, these cross-effects 
would perhaps be best captured using a more elaborate optimization procedure that 
optimizes all the geometric parameters simultaneously, albeit at a much greater 
computational expense. Finally, the results from this study should be validated 
experimentally, and the effect of condenser design optimization on the system-level 
performance of an air-conditioning system should be investigated. As part of this, the 
capital costs involved in implementing the design geometries with non-uniform air-side 
geometries should be studied. 
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